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Abstract

Investigation on the Control of Supercritical Centrifugal Compressors supported by
Active Magnetic Bearings:

Toward a new Control Strategy?

The dynamic behaviour of large turbomachinery should satisfy stringent requirements dictated
by international standards and final users. Their flexible rotor is sensitive to the unbalance
distribution and subjected to particular excitations coming from the industrial process. Usually,
the performance margins between the requirements and the classical controller capabilities are
small. Consequently, the magnetic bearing characteristics depend on the rotor geometry.
Designing such controllers is difficult and time consuming. The objective of this thesis is to
investigate the dynamic behaviour of supercritical centrifugal compressors in order to propose a
new control strategy.

First, each bearing is considered as one entity by coupling its two axes of action. The introduction
of polar quantities permits a better observation of the rotor dynamic behaviour. In addition, by
using logic close to human being reasoning, the fuzzy logic modulates the action forces as a
function of the global dynamic behaviour. The coupling of the two approaches is an efficient way
to apply targeted corrective actions. This controller attenuates the unbalance vibration when
crossing critical speeds by applying damping forces, or increases the stiffness during transient or
asynchronous excitations in order to limit the maximum displacement reached.

As their structural damping is low, flexible rotors are very sensitive to spillover effect, which
cannot be managed by fuzzy controllers. Consequently, an underlying PID is necessary. This hand-
synthesized controller has high frequency characteristics tuned in order to ensure stability and
robustness for each rotor. Compared to a classical approach, the polar fuzzy controller enables to
increase the performance margins. These margins are used to fulfil three objectives: the achievement
of standards requirements, the improvement of the subsynchronous behaviour, and the simplification
and the standardization of the PID controller that we called SPID. This SPID is designed for a given
application, such that the bearing characteristics on the operating frequency range are always the
same.

The control strategy is assessed numerically and experimentally. First, the numerical model is
validated with experimental tests. Then, the controller developed is applied to an academic test
rig. The controller is stable and robust. It exhibits performance superior to the augmented PID
supplied with the test rig for both unbalance response and response to subsynchronous
excitations. Finally, the control of an industrial compressor is assessed numerically. The results
obtained are close to the standards requirements used for classical bearings. The optimization of
the approach and the utilization of an automatic tuning algorithm for high frequency
characteristics could lead to the standardization of Active Magnetic Bearings.

Keywords: Active Magnetic Bearings, Centrifugal Compressors, Fuzzy logic, Flexible rotor,
Rotordynamics, Control, MIMO.
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Résumé (en francais)

Recherches sur le Controle des Compresseurs Centrifuges Supercritiques supportés
par des Paliers Magnétiques Actifs :

Vers une nouvelle stratégie de controle ?

Le comportement dynamique des turbomachines industrielles doit respecter des criteres émis par
les normes internationales et les utilisateurs. Les rotors flexibles sont sensibles a la distribution de
balourd, et sont soumis aux excitations aérodynamiques de leur environnement. Usuellement, les
controleurs utilisés peinent a délivrer le niveau d’exigence demandé, par conséquent les
propriétés mécaniques des paliers magnétiques sont fortement dépendantes de celles des rotors.
L’objectif de ce mémoire est d’analyser le comportement dynamique des compresseurs
centrifuges afin de proposer une stratégie de contrdle innovante.

D’abord, chaque palier est considéré comme une entité a part entiere en couplant ses deux axes
d’action. Le comportement dynamique du rotor est exprimé dans le repere polaire. Par ailleurs, la
logique floue, qui utilise un modele de pensée proche du raisonnement humain, applique des
actions correctives en fonction du comportement dynamique global du rotor. Ainsi, 1'utilisation
couplée de ces deux approches créé une synergie permettant d’agir sur le systeme de maniere
ciblée. Le controleur dissipe l'énergie cinétique du rotor lors du franchissement de vitesses
critiques afin d’atténuer la réponse au balourd, ou augmente la raideur du palier lors de
vibrations transitoires ou asynchrones afin de réduire la trajectoire du rotor.

Le faible amortissement structurel du rotor le rend sensible au phénomene de
« spillover » (I'énergie de contrdle affecte les modes de fréquence élevée). Or, la logique floue ne
peut pas gérer ce phénomene. Ainsi, un contrdleur PID sous-jacent est utilisé pour maitriser la
stabilité des modes hautes fréquences. Au final, le controleur flou polaire permet d’obtenir des
marges de performances entre les capacités de cet asservissement et le cahier des charges. Ces
marges sont utilisées pour trois objectifs: le respect des spécifications, I'amélioration du
comportement subsynchrone, et enfin la simplification et la standardisation du controleur sous-
jacent nommé ici SPID. Ce controleur est tel que ses caractéristiques, dans la plage de fréquence
utile, sont indépendantes du rotor pour une application donnée.

Enfin, la stratégie développée est évaluée avec des simulations numériques et des essais
expérimentaux. D’abord, le modele numérique est validé, puis le controleur est appliqué a un
banc d’essais académique. Le comportement est stable et robuste. Il présente des performances
supérieures au PID augmenté fourni avec le banc, que ce soit pour la réponse au balourd, ou
pour la réponse a des excitations subsynchrones. Finalement, la démarche est appliquée a un
compresseur industriel. Les simulations montrent que le comportement est proche de celui exigé
pour des machines sur paliers classiques. L’optimisation de 1’approche et I’automatisation de la
conception pourraient conduire a la standardisation des paliers magnétiques actifs.

Mots-clés : Paliers Magnétiques Actifs, Compresseurs Centrifuges, Logique floue, Rotor flexible,
Dynamique des machines tournantes, Controle, MIMO.
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« Il semble que la perfection soit atteinte non quand il n'y a plus rien a ajouter,
mais quand il n'y a plus rien a retrancher. »

Antoine de Saint-Exupéry — Terre des hommes (1939)
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Résumé étendu — Introduction

Résume étendu

Introduction

Les premiers Paliers Magnétiques Actifs sont apparus au début des années 70
simultanément en France et aux Etats-Unis. Cette technologie fit son apparition
tardivement car les PMAs sont intrinsequement instables et nécessitent donc une
boucle d’asservissement. Lorsque le concept de PMA a été créé, les performances des
systémes électroniques étaient insuffisantes pour obtenir un palier compétitif. De
plus, la compréhension de ces paliers nécessite une expertise multi-physique
(mécanique, contrdle, magnétisme, électricité...). Ainsi méme s’ils ont de nombreux
avantages, leur temps d’adoption par le marché est relativement lent. La société
General Electric n’avait produit que trois compresseurs centrifuges sur PMAs (1987,
1994, 1997), avant de lancer I'ICL en 2006 présenté en Figure 1. 1. Ce nouveau
concept de compresseur intégré figure aujourd’hui dans le catalogue des machines
disponibles. Cette these vise a développer une nouvelle stratégie de controle dédiée a
ces machines.

Concept de Paliers Magnétiques Actifs

Les PMAs sont de purs produits mécatroniques. Ils utilisent les propriétés
ferromagnétiques pour appliquer des forces sans contact. Plusieurs électroaimants
sont nécessaires afin d’assurer une lévitation complete et stable. Mais, un seul suffit
pour comprendre les principes de base, comme montré en Figure 1. 2. Un PMA est
constitué d'un capteur de déplacement qui produit un signal électrique ux
proportionnel au déplacement x du rotor. En fonction de ce déplacement et des
déplacements précédents, le controleur calcule une réponse du palier qui stabilise le
systeme. Ensuite, il produit une tension de commande ui. Cette tension est
transformée en un courant proportionnel par 1'amplificateur, puis en une force par
I'électroaimant. Comme un électroaimant ne peut appliquer que des forces
d’attraction, deux électroaimants positionnés de part et d’autre du rotor sont
nécessaires (par ligne d’action) afin d’appliquer des forces dans les deux sens.
Finalement, des paliers atterrisseurs (généralement des roulements a billes) sont
placés a proximité des PMAs avec des jeux inférieurs afin de protéger les PMAs, et
de supporter le rotor lors de I’arrét complet de la machine.

Les PMAs ont de nombreux avantages, ils permettent de supprimer le
frottement entre rotor et stator. Ainsi, les pertes d’énergie sont minimisées, le rotor
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Résumé étendu — Introduction

peut évoluer a des vitesses de rotation élevées avec une usure quasi inexistante. Les
opérations de maintenance s’en trouvent réduites. Le lubrifiant est supprimé, il n'y a
donc plus de contamination avec le fluide traité par la machine. Néanmoins, les
PMAs présentent aussi des inconvénients. Bien qu’ils réduisent le cotit d’utilisation,
ils sont plus chers que des paliers classiques et représentent donc un investissement
initial important. IIs nécessitent un dimensionnement soigné, puisqu’ils ne tolerent
aucune surcharge méme passagere. Ils nécessitent une boucle d’asservissement.
Finalement, ils sont généralement plus volumineux que des paliers classiques a
charge équivalente.

Introduction aux compresseurs centrifuges

Les compresseurs centrifuges permettent de couvrir la quasi-totalité des besoins en
compression de l'industrie pétroliere. La carte permettant le choix de la technologie
de compresseur en fonction de ces besoins est donnée en Figure 1. 3. Dans le cadre de
notre étude, certains effets aérodynamiques sont a considérer. Les joints d’étanchéité
dynamiques, permettant de limiter les recirculations internes de gaz, doivent étre
pris en compte. En effet, ils peuvent étre vus comme des paliers gaz qui
apporteraient une raideur et un amortissement effectifs négatifs a basses fréquences.
La structure d'un ICL est disponible en Figure 1. 6. Le carter est entierement
pressurisé dans le gaz de procédé. Ainsi, les étanchéités de bouts d’arbre sont
supprimées empéchant totalement les fuites atmosphériques. Ce compresseur
permet d’éviter I'utilisation de 30 000L d’huile et le rejet de 600 tonnes de CO2 par an
pour chaque compresseur.
Pugnet [2010] présente le développement du projet ICL. Du point de vu
compressoriste, les deux principaux inconvénients des PMAs sont :
e La conception des controleurs prend beaucoup de temps, et
e Les caractéristiques mécaniques des paliers sont trop dépendantes des
propriétés mécaniques du rotor. Comme les propriétés finales du rotor
dépendent des tolérances de fabrication, il y a parfois des écarts entre le
controleur prévu et celui adapté aux caractéristiques réelles.

Motivations

Les composants mécatroniques sont de plus en plus présents sur les turbomachines
industrielles. Cependant, 1’optimisation globale de la machine n’est possible que si le
fabricant maitrise toutes ces technologies. De plus, chaque composant doit étre
amélioré et optimisé vis-a-vis de 'application considérée. Concernant les PMAs, les
principales voies de recherche sont le contrdle de rotors flexibles, 1’analyse du
comportement dynamique du rotor lors d'un défaut de sustentation,
I'approfondissement du concept de machine intelligente et enfin la résistance a des
environnements chimiques agressifs ou des températures élevées. L’essentiel de ce

X
Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Résumé étendu — Introduction

mémoire porte sur le controle de rotors flexibles, méme si les autres voies sont
considérées de maniere implicite.

Objectifs et contributions

Ce travail a pour ambition de développer une nouvelle stratégie de contrdle dédiée
aux compresseurs centrifuges permettant d’améliorer le comportement des machines
ainsi que leur processus de conception. Les objectifs sont :

e Comprendre et analyser le comportement d'un rotor sur PMA,

e Comprendre la conception des controleurs industriels existants,

e Développer une nouvelle stratégie de contrdle permettant une optimisation du
comportement dynamique tout en respectant les normes et les spécifications
industrielles, et

Mettre en place une démarche de conception globale optimisée pour une ligne
de produits.

Pour ces machines, le respect des normes internationales, tel que 1'ISO 14839
[2002][2004][2006][2012] et I’API 617 [2002], est primordial. Les exigences des
utilisateurs finaux doivent aussi étre prises en compte. Une nouvelle stratégie de
contrdle est recherchée dans le but d’obtenir de meilleures performances avec une
robustesse équivalente a celle des PID augmentés utilisés auparavant. Les PID
augmentés sont des contrdleurs linéaires et généralement utilisés en mode SISO
(Single-Input Single-Output), ainsi il y a au moins deux voies d’amélioration
exploitables en utilisant des controleurs MIMO (Multiple-Input Multiple-Output) et
non-linéaires. La logique floue produit des contrdleurs non-linéaires adaptés aux
systemes complexes. De plus, en tenant compte de I'incertitude des données d’entrée
(déplacements), elle conduit a un comportement robuste. D’autre part, au lieu de
controler séparément les différentes lignes d’action, 'utilisation des coordonnées
polaires permet de concevoir un contréleur unique pilotant les deux lignes d’actions
de chaque palier radial. Ainsi, le contrdleur est capable de corriger le comportement
global de la machine en plus du comportement local.

Dans le cadre d’une premiere approche, la stratégie de controle est développée
pour des excitations qui concernent uniquement le comportement normal, a savoir
un faible déplacement par rapport aux jeux rotor-stator et un comportement quasi
linéaire de I’actionneur.

Chaque compresseur centrifuge est unique ou presque. Ainsi, comme les
caractéristiques mécaniques des paliers peuvent influencer la conception du rotor, il
est intéressant de développer un controleur avec des propriétés partiellement figées
pour une ligne de produit. De plus, nous avons la conviction qu'un contrdleur plus
simple pourrait avoir des propriétés plus constantes entre la phase de conception et
la mise en marche de la machine sur site. Ce contréleur devra avoir un nombre
maximum de parametres standard pour étre facilement ajusté a chaque machine, et
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ainsi permettre une conception des machines plus aisée. Le but d"une telle approche
de contrdle serait aussi d’augmenter le niveau de confiance des clients finaux dans
cette technologie en permettant de réaliser des analyses dynamiques préliminaires
tres en amont dans le projet.

Les controleurs PID augmentés sont parfois insuffisants pour obtenir une
réponse au balourd acceptable. Des filtres synchrones a bande étroite permettent de
satisfaire largement les spécifications. Ces filtres paramétriques utilisent la vitesse de
rotation du rotor obtenue a partir d'un tachymetre. Ces filtres sont tres répandus
dans l'industrie, cependant ils nécessitent des capteurs de vitesse dédiés qui
réduisent la fiabilité globale du systeme. Ainsi, si les performances obtenues sans ces
filtres étaient suffisantes, le systeme serait plus simple et plus robuste.

Le processus de validation d’un nouveau controleur est relativement long et
complexe. Il passe par des étapes qui permettent d’atteindre de proche en proche le
systeme industriel final. Par conséquent 1'objectif de ce travail de recherche était de
valider les premieres étapes permettant de quantifier les améliorations escomptées,
en procédant a la validation expérimentale sur un banc d’essais de dimension
académique, ainsi que la simulation numérique du comportement dynamique d"un
compresseur industriel.

Les principales contributions de ce travail peuvent étre résumées par :

e Une nouvelle approche de contrdle. D’abord, un PID Standardisé (SPID) est
congu puis un controleur flou module les gains de celui-ci. Le SPID est
réalisé de maniere a obtenir des propriétés basses fréquences (i.e. pour la
plage de fréquence de rotation) indépendantes de la géométrie du rotor. Seul
le gain général de la fonction de transfert doit étre modifié pour adapter le
contrdleur a la taille des différentes machines. Ensuite, les propriétés hautes
fréquences sont personnalisées pour chaque palier afin d’assurer la stabilité
et la robustesse du systeme.

e [’utilisation des grandeurs physiques exprimées dans les coordonnées
polaires est introduite. L’originalit¢é de la méthode développée est
d’exploiter les vitesses radiale et tangentielle respectivement associ€es au
comportement transitoire et permanent. De plus, les coordonnées polaires
permettent d’appliquer des actions ciblées. La force de commande est
calculée dans les coordonnées polaires puis convertie en courants de
contrdle qui actionnent simultanément les deux lignes d’actions du palier. Le
controleur considere alors le palier magnétique comme un unique systeme
MIMQO, les données d’entrée étant les déplacements dans deux directions
orthogonales (prises dans le plan du palier).

e Un controleur flou utilisant des entrées exprimées dans les coordonnées
polaires fut développé. La logique floue qui est un outil d’aide a la décision
est adaptée pour traiter les informations obtenues dans le repere polaire.
Cette formulation permet d’éviter 1’anisotropie produite normalement par

X1

Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Résumé étendu — Introduction

I'utilisation de contrdleurs non-linéaires dans le repere Cartésien. Le
controleur flou est basé sur un algorithme de forme Sugeno utilisé avec des
regles simples. Par ailleurs, le module flou ne nécessite pas d’adaptation fine
aux propriétés mécaniques du rotor puisqu’il est défini comme fonction du
comportement dynamique des machines tournantes. Ce comportement est
presque constant pour une ligne de produits, puisque les variations
géométriques peuvent modifier les amplitudes des réponses, mais pas les
phénomenes considérés.

Détermination de la stratégie de controle adaptée au probleme

Ce travail de recherche est dédié au controle de rotors flexibles supportés par deux
PMAs radiaux. Les rotors considérés ont peu d’effet gyroscopique, et les conditions
nominales d’utilisation sont considérées. Pour les machines visées plusieurs types de
controleurs furent considérés. La stratégie de controle développée a été choisie suite
a une recherche bibliographique.

Nonami [1995] a montré que les controleurs du type LQ, LQG, « disturbance
cancellation » et H2 n’avaient pas la robustesse nécessaire, alors que les contrdleurs u-
synthesis et H., permettent d’obtenir de bons résultats. Maslen et Montie [2001]
discutent l'application du « sliding mode control », ils en concluent que ce type de
contrdleur n’est pas plus performant qu'un PID augmenté.

Apres plus de vingt ans de recherche, trois stratégies de controle sont encore
étudiées : p- synthesis, modale et floue. Pour I'instant, aucune des trois n’est arrivée a
prendre l'ascendant sur les stratégies conventionnelles. Pour chaque application, il
faut considérer les avantages et les inconvénients pour déterminer quelle stratégie est
susceptible de répondre au probléeme posé de maniere pertinente.

Les trois méthodes sont comparées (a titre indicatif et en essayant d’étre le
plus objectif possible) a un controleur PID dans la Table 2. 1. Aucune de ces trois
méthodes n’est completement préte pour l'industrialisation, mais seul le contrdle
modal nécessiterait d'importants travaux de recherche. La complexité de la théorie
utilisée doit étre considérée puisqu’elle pourrait limiter la mise en place, 1'évolution
et la diffusion de I'approche utilisée. Une utilisation industrielle requiert qu'un grand
nombre de personnes comprenne cette théorie. Sur ce point, la logique floue semble
plus abordable que les autres alternatives. Ensuite, il faut évaluer la difficulté liée a
I'application de l’approche pour la conception du controleur de chaque nouvelle
machine. Ici, ce sont les techniques modales et p-synthesis qui prennent l’avantage
en éliminant presque compléetement l'intervention humaine. Finalement en ce qui
concerne la qualité du résultat obtenu (pouvant étre vu comme l'équilibre entre
stabilité, performance et robustesse), les méthodes peuvent étre classées dans cet
ordre en partant de la meilleure : modale, floue et enfin u-synthesis.

Nous avons choisi de développer une stratégie basée sur la logique floue
puisqu’elle présente des facilités pour l'industrialisation, ses non linéarités sont
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maitrisables et elle peut étre couplée avec une des deux autres stratégies afin de
combiner leurs avantages.

Modélisation

Les différents éléments constituant le palier ont été étudiés en vu de créer un modele
précis du palier. On peut voir I'agencement de ces différents éléments sur la Figure 3.
1, il s’agit des capteurs de déplacement, des cables électriques, du controleur
numérique, des amplificateurs et des électroaimants. Par ailleurs, le rotor a lui aussi
été traiteé.

Apres l'étude détaillée des différents composants, seuls les parametres
principaux ont été conservés afin d’obtenir un modele simple et efficace en
simulation numérique. Ainsi, les courants de Foucault sont négligés, tout comme
I'hysteresis magnétique et la saturation magnétique. Les phénomenes tres haute
fréquence, tel que le résidu de la porteuse alimentant le pont de Wheatstone du
capteur ou les commutations de l’amplificateur ne sont pas considérés non plus.
Enfin, tous les composants sont linéarisés autour de leur point de fonctionnement.

De cette maniere, on obtient un capteur de déplacement modélisé par sa
sensibilité mesurée en mV/um, et un filtre passe bas. Pour le controleur numérique,
seul le convertisseur numérique analogique est considéré. Il est représenté par une
approximation de Padé d’ordre un (du bloqueur d’ordre zéro), visible dans
I’équation (3.7). Les électroaimants sont modeélisés grace a une représentation linéaire
classique avec une raideur négative et une raideur en courant comme écrit dans
I'équation (3.18). L’amplificateur est considéré uniquement comme un filtre passe bas
da a son asservissement. Les cables ne sont pas pris en compte puisque leurs effets
peuvent étre efficacement gérés par des circuits électroniques. Enfin, le rotor est
modélisé par ses énergies potentielles et de déformation. La méthode des éléments
finis est utilisée, avec des éléments de poutre de Timoshenko pour l'arbre, et des
disques considérés rigides. Le modele est réduit pour ne garder que les modes
pertinents et un amortissement modal équivalent a un facteur d’amplification égal a
100 est introduit.

Les équations du mouvement sont écrites dans 1'espace d’état. Les paliers, les
joints d’étanchéité et les effets gyroscopiques sont écrits comme forces de restitution,
comme montré en Figure 3. 14. Les équations sont résolues dans le domaine
temporel. L’approche utilisée a I'avantage d’étre tres modulable et de permettre
I'ajout d’autres composants.
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Développement de I’approche de controle

Spécifications
Le systeme doit satisfaire les exigences élémentaires de performances, stabilité et
robustesse. Des criteres édités par les normes internationales permettent de vérifier
que ces exigences sont remplies. Différents cas sont considérés pour couvrir
I'ensemble des conditions d’opération. Ces cas peuvent étres liés a des distributions
de balourd différentes, des vitesses de rotation ou des perturbations particulieres.
Deux normes sont principalement utilisées: 1'API 617 dédiée aux
compresseurs centrifuges supportés par des paliers hydrodynamiques, et 'ISO 14839
dédiée aux rotors sur PMAs. Aucune des deux n’est parfaitement adaptée aux
compresseurs industriels sur PMAs. Ainsi, la réponse au balourd sera qualifiée a
partir des recommandations de I’API 617, tout comme 1’amortissement des modes
contenus dans la plage de vitesse de la machine. L'ISO 14839 sera, quand a elle,
utilisée pour vérifier la robustesse et la stabilité du systeme avec la fonction de
sensibilité, et pour juger le niveau vibratoire global de la machine. Dans ce mémoire,
les spécifications suivantes sont prises en compte :
e Le déplacement dii au balourd doit satisfaire 1'exigence de I’API 617 pour les
paliers classiques (pris a 25um pour des raisons de confidentialité),
e Le facteur d’amplification calculé pour la réponse au balourd devra étre
inférieur a 2.5,
e Le déplacement global devra étre classé A selon I'ISO 14839 (60umpp pour le
banc d’essais), et
e Le gain maximum de la fonction de sensibilité devra étre inférieur a 3.

Limitations théoriques et technologiques

Certaines regles physiques ou propriétés des paliers magnétiques doivent étre
considérées quelque soit la stratégie de contrdle choisie.

Le capteur de déplacement n’est pas collocalisé avec l’actionneur. Il y a donc
toujours au moins un mode flexible présentant un nceud entre le capteur et
I'actionneur. Il faut donc pour ce mode que l'action consécutive a un déplacement
soit opposée par rapport a celle appliquée normalement.

L’énergie des forces de controle est physiquement limitée. Ainsi, et afin
d’avoir un modele le plus proche possible du domaine expérimental, le controleur
doit contenir un filtre passe bas.

Le convertisseur numérique analogique introduit un retard proportionnel au
temps d’échantillonnage. Ainsi, I'amortissement fourni par le palier est atténué. Il en
découle que la fréquence d’échantillonnage doit étre aussi élevée que possible.
Cependant, le microprocesseur doit étre capable de calculer la réponse du palier
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entre deux pas consécutifs. Donc, I'algorithme de contrdle doit étre adapté au calcul
en temps réel.

La limite des capacités dynamiques du palier peut étre atteinte (incluant une
saturation en tension des amplificateurs). Ceci est souvent le cas pour le
franchissement de vitesses critiques de modes élevés. Dans ce cas, le controle du
rotor est parfois impossible.

Pour un PMA de conception classique, les autres limites sont presque
négligeables et des tests de vérifications a la fin du processus de conception sont
normalement suffisants.

Pour minimiser le retard entre la mesure et ’action, les contrdleurs linéaires utilisés
sont le plus souvent a phase minimale. Pour ces controleurs et selon le théoreme de
Bode, la phase de ces contrdleurs est proportionnelle a la dérivée de leur gain. Or,
pour obtenir de I’amortissement, une phase positive est nécessaire, par conséquent le
gain du controleur augmente en fonction de la fréquence. Cette loi mene a un conflit
entre les objectifs de performance, stabilité et robustesse. La performance
nécessiterait un gain élevé pour les basses fréquences, la robustesse un faible gain a
haute fréquence et enfin la stabilité une importante augmentation du gain entre les
basses et les hautes fréquences. De plus, le filtre passe bas utilisé pour limiter la
bande passante du controleur produit nécessairement un amortissement négatif sur
une plage de fréquences.

L’étude des PID augmentés permet de souligner les avantages et les inconvénients de
cette stratégie de contrdle. Les principaux avantages sont : la pertinence des outils
utilisés pour analyser le systeme (commun a tous les contrdleurs linéaires), la facilité
d’implémentation du contrdleur dans un microprocesseur et enfin le domaine
fréquentiel permet d’ajuster les caractéristiques du contrdleur a chaque mode. Les
inconvénients sont, d’'une part les propriétés hautes fréquences du rotor impactent
trop fortement les performances globales du systeme. D’autre part, la raideur basse
fréquence est trop faible tout comme I’amortissement des modes flexibles par rapport
aux exigences.

La conception du controleur pourrait étre améliorée en utilisant une approche
automatisée. Cependant, I'équilibre performance / stabilité / robustesse ne serait pas
pour autant amélioré. Nous voyons quatre possibilités permettant d’optimiser le
comportement du systéeme: le controle MIMO, le controle non-linéaire, les
observateurs d’état et ’ajout de composants (capteurs et/ou actionneurs). L’approche
développée considere uniquement les deux premieres possibilités. Les autres
pourraient étre développées dans des études futures.
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Coordonnées polaires

Usuellement, le comportement vibratoire des machines est observé a l'aide de
capteurs de déplacements. Le signal temporel est alors soit traité directement pour
controOler le systeme, soit transposé dans le domaine fréquentiel afin d’analyser le
comportement. Les analyses fréquentielles sont tres utiles mais ne peuvent pas étre
utilisées a des fins de contrdle, puisqu’elles se font sur une fenétre de temps. Ainsi,
elles introduisent un retard inacceptable. Au contraire, nous pensons que les
variables exprimées dans le repere polaire introduisent des possibilités intéressantes
pour l’analyse et le contr6le de machines tournantes.

L’utilisation des variables polaires est rendue possible par deux changements
de repere, entre le repere Cartésien des capteurs et actionneurs et le repere polaire du
contrdleur. Il est montré au travers des équations (5.5) et (5.6), qu’il est possible de
réaliser les changements de repere sans dispositif additionnel. Les capteurs de
déplacement intégrés aux PMAs suffisent.

Les PMAs sont normalement des paliers symétriques. De plus, la distribution de
balourd est I'excitation principale. De ce fait, la trajectoire du rotor dans le palier est
trés proche d'un cercle. Cette trajectoire, en régime permanent et stable, est définie
par un rayon constant, une vitesse radiale nulle et une vitesse tangentielle constante,
comme illustré en Figure 5. 2. Ainsi a chaque instant les variables polaires donnent
des informations précises sur le comportement du systeme, alors que les variables
Cartésiennes ne cessent d’osciller. Par ailleurs, une vibration subsynchrone
apparaitra principalement par des oscillations des variables polaires radiales a une
fréquence égale a celle de rotation du rotor moins celle de la perturbation. La vitesse
tangentielle est quand a elle peu affectée. Au contraire, il est difficile dans le repere
Cartésien de différencier les deux vibrations (synchrone et asynchrone) comme
montré par la Figure 5. 4.

Les coordonnées polaires peuvent aussi étre utilisées pour appliquer des
forces ciblées. La maitrise du balourd lors du franchissement de vitesses critiques
associées aux modes flexibles requiert de ’amortissement. L’amortissement généré
directement par le palier est limité pour des questions de robustesse. Cependant, il
serait préférable d’avoir une capacité d’amortissement supérieure. Cet
amortissement pouvait étre produit jusqu’alors par l'utilisation de filtres synchrones
ou des raideurs croisées. Les premiers nécessitent un capteur de vitesse et les
deuxiemes sont peu robustes vis-a-vis des conditions de fonctionnement.
L’amortissement tangentiel utilise une formulation plus complexe qui combine les
déplacements mesurés par les deux capteurs de chaque palier. Ainsi, la sensibilité au
bruit de mesure est réduite. D’autre part, l'utilisation de deux vitesses (radiale et
tangentielle) permet de séparer en partie les différentes composantes de la vibration.
Si I'on compare par rapport a l'utilisation de raideurs croisées, 1'amortissement
tangentiel mesure par lui méme le sens de la précession principale, et applique une
force proportionnelle a la vitesse, ce qui en fait un dispositif adapté a toutes les

XVII
Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Résumé étendu — Développement de I"approche de controle

vitesses de rotation. En particulier, lors d"'une montée en vitesse les modes inverses et
directs sont successivement stabilisés de maniere automatique. Il partage néanmoins
un inconvénient avec les raideurs croisées, méme si celui-ci est plus contenu dans le
cas de l'amortissement tangentiel. Il applique des forces stabilisatrices seulement
pour les précessions communes avec la précession principale. Généralement, en
fonctionnement continu la précession directe est excitée par le balourd, donc les
précessions inverses peuvent étre perturbées.

Controle flou

Ce controleur MIMO non-linéaire permet d’obtenir des marges de performances par
rapport aux exigences. Ces marges sont utilisées afin de simplifier la mise au point
des contrdleurs et d’améliorer le comportement dynamique des machines.

Le controle flou se compose de trois étapes principales. D’abord, la
fuzzification des entrées numériques en valeurs linguistiques. La vitesse sera alors
considérée grande, petite, positive, négative... Chaque valeur linguistique est
associée a une fonction d’appartenance de sorte que le signal soit considéré, par
exemple, grand a 70%.

Le moteur d’inférence integre les regles. Celles-ci sont conditionnelles et se
présentent sous la forme «si... alors... ». Ces regles doivent correspondre au
comportement dynamique du systeme controlé de sorte a optimiser la réponse du
contrdleur aux différentes configurations envisagées.

Enfin, la commande est obtenue apres défuzzification. Cette étape consiste en
I'agrégation des différentes conclusions linguistiques, afin d’obtenir une réponse
quantifiée.

Le controle non-linéaire SISO engendre une anisotropie qui nuit au bon
fonctionnement du palier. Nous avons opté pour le développement du contrdleur
flou dans le repere polaire. De plus, ce repere est bien adapté a la logique floue
puisque les quantités instantanées des variables révelent le comportement
dynamique du systeme. En effet, dans le repere Cartésien, un couple déplacement-
vitesse peut étre dii a plusieurs comportements différents. Ici, I’association des trois
variables polaires permet d’identifier et séparer la contribution due au balourd, des
autres contributions.

La logique floue n’est pas capable de maitriser completement le phénomene
de «spillover ». Un PID sous-jacent est alors utilisé pour assurer la stabilité des
modes haute fréquence du systeme. Ce PID a des caractéristiques standardisés dans
la plage de fréquence utile pour le comportement mécanique (jusqu’au 2™ flexible),
puis des caractéristiques personnalisées en hautes fréquences pour assurer la stabilité
du systeme. Ce controleur sera alors nommé SPID dans la suite.

Le controleur flou est utilisé pour moduler les gains du SPID. L’amortissement
tangentiel pourrait atténuer les performances basses fréquences du systeme. Ainsi, il
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est intéressant de ’appliquer seulement lorsqu’il est vraiment nécessaire. Une vitesse
tangentielle élevée reflete le passage d'une vitesse critique, et permet d’appliquer un
amortissement tangentiel utile. Par ailleurs, il existe un compromis entre la raideur et
I'amortissement, de sorte que la raideur maximale du palier est limitée. Un
comportement anormal peut étre détecté par une vitesse radiale. Ainsi, une
augmentation de la raideur durant un court instant permet le retour au
comportement normal sans réduire 1’amortissement du palier. Le contrdleur flou
utilise des fonctions d’appartenance trapézoidale. Les regles sont :
e Pour le comportement permanent, lorsque la vitesse tangentielle est élevée,
I’amortissement tangentiel augmente de 50%.
e Pour le comportement transitoire, lorsque la vitesse radiale est positive, la
raideur radiale augmente de 50%.

Ces regles semblent bien adaptées au systeme en fonctionnement normal, méme si
elles pourraient étre complétées par des regles considérant des défauts temporaires.

SPID

Le controleur flou polaire permet d’obtenir des marges de performance non
atteignables avec un controleur linéaire. Pour cette étude nous avons choisi d’utiliser
ces marges pour remplir trois objectifs : d’abord, pour simplifier la mise au point du
contrdleur, ensuite pour satisfaire les spécifications sans filtre synchrones et
finalement pour améliorer le comportement en basse fréquence. Bien entendu,
d’autres choix de compromis auraient été possibles. Nous pensons que celui-ci
représente un équilibre intéressant entre performance du systeme et simplicité
d’utilisation.

Usuellement, les propriétés d'un PID augmenté sont choisies en fonction du
comportement dynamique, du nombre de modes inclus dans la plage d’opération et
de leur fréquence. Ainsi, la raideur est choisie relativement faible et I’amortissement
est concentré autour des fréquences des modes. Pour notre SPID, les caractéristiques
ont été choisies de maniere a obtenir un comportement robuste en basse fréquence ou
les effets de la raideur négative du palier et des joints d’étanchéités sont le plus
visible. De plus, comme la fréquence du mode de flexion est supposée inconnue,
I’amortissement est réparti sur toute la plage de fréquence. Ainsi, le palier possede de
bonnes propriétés pour les modes rigides et des performances moyennes pour le
mode flexible. Le controleur est alors globalement moins performant mais plus
multifonctionnel, d’autant plus que les caractéristiques mécaniques du palier sont
presque indépendantes de la géométrie du rotor. Il peut étre supposé que
I'ajustement du gain global du controleur permettra d’adapter le controleur a
différentes tailles de paliers et de rotors pour une application donnée.
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Validation

Banc d’essais expérimental

Les différentes stratégies de controle ont été testées sur un banc d’essais académique
ayant un comportement proche d’'un compresseur centrifuge du point de vu de la
dynamique d’arbre. L’objectif de ce banc a été d’évaluer les performances, la stabilite,
la robustesse ainsi que les limites des différentes stratégies.

Le banc est composé d'un rotor flexible supporté par deux paliers
magnétiques radiaux, comme visible sur la Figure 6. 1. Le rotor est entrainé, via un
accouplement flexible, par un moteur électrique pouvant atteindre 12 600rpm.

Un modele numérique du banc est développé sur la base des caractéristiques
des différents éléments. Ce modele est alors comparé avec les résultats obtenus sur le
banc. L’analyse des caractéristiques statiques des paliers a montrée une importante
dissymétrie due aux tolérances de montage des paliers. Par ailleurs, la réponse au
balourd montre que la raideur en courant est 30% inférieure a celle prévu. La cause
n’est pas parfaitement identifiée, méme si les tolérances de fabrication et de montage
semblent responsables d"une partie importante de 'erreur.

Finalement la démarche de validation suggérée par I'’API 617 est appliquée. La
raideur en courant est considérée comme un parametre a calibrer, et le gain général
du controleur est ajusté sur le banc d’essais en conséquence. Les résultats montrent
qu’en utilisant cette méthode, il est possible d’obtenir des résultats expérimentaux en
accord avec les prévisions des simulations numériques (voir Figure 6. 13). Dans ce
cas, le modele numérique est validé, permettant d’avoir confiance dans les résultats
obtenus uniquement par simulations numériques.

Evaluation expérimentale du contréleur flou polaire

Le controleur développé est évalué a travers différents tests et par comparaison avec
le PID augmenté fourni avec le banc d’essais. Les tests concernent : la fonction de
sensibilité, la fonction de transfert en boucle fermée, la raideur dynamique, la
réponse au balourd et la réponse a des excitations subsynchrones similaires a celle
rencontrées sur les machines. Ces tests ont pour but d’évaluer la stabilité, la
performance et la robustesse de la stratégie de controle développée. Méme si ces
outils (particulierement la sensibilité, la fonction de transfert en boucle fermée et la
raideur dynamique) ne sont normalement pas utilisables avec des controleurs non-
linéaires, ils sont appliqués ici car les non-linéarités apparaissent principalement
dans les phases transitoires. L’analyse linéaire est donc valable pour de petits
déplacements. Il faut aussi mentionner que la réponse au balourd est proportionnelle
au balourd (comme pour les contrdleurs linéaires) a proximité des vitesses critiques
i.e. lorsque I'amortissement tangentiel est totalement activé.
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Les résultats numériques et expérimentaux concordent. Ils montrent que par
rapport a un PID augmenté la solution développée est tout aussi robuste et stable.
Par ailleurs, au niveau des performances, le controleur flou permet une réduction de
I'ordre de 40% des vibrations dues au balourd, comme montré par la Figure 7. 4. 11
permet aussi de réduire notablement les facteurs d’amplification et la puissance des
forces de contrdle, comme révélé par la Table 7. 6.

D’autre part, pour la maitrise des vibrations subsynchrones, la stratégie

développée permet une réduction de 'ordre de 25% des déplacements générés par
les excitations subsynchrones (voir Figure 7. 9).
Les résultats montrent que le SPID est suffisant pour répondre aux exigences de
stabilité et robustesse. De plus, le contrdle flou polaire permet non seulement de
combler les carences du SPID dues a la standardisation, mais aussi d’améliorer le
comportement dynamique en réduisant sensiblement les vibrations.

Application industrielle — Evaluation par simulations numériques

Suite a la validation de la démarche sur un banc d’essais de dimension académique,
elle fut appliquée pour le contrdle d"un compresseur industriel. Le rotor est supporté
par des PMAs. L’objectif est de démontrer la facilité de mise au point du controleur,
son efficacité et la robustesse de 'approche développée.

Le modele numérique du compresseur est tres proche de celui du banc
d’essais. Les différents éléments (rotor et paliers) sont adaptés pour correspondre a la
machine industrielle puis les effets dynamiques des joints d’étanchéité sont ajoutés.
Le comportement du systeme est évalué pour différentes configurations qui
correspondent aux normes et aux exigences des utilisateurs finaux. Le contr6leur flou
polaire est comparé au SPID seul. Les cas d’étude concernent: la fonction de
sensibilité, la fonction de transfert en boucle fermé, la raideur dynamique, la réponse
au balourd, la réponse a des excitations aérodynamiques subsynchrones et la réponse
a un impact.

Le SPID seul permet d’obtenir un comportement sain avec de bonnes marges
de stabilité, une faible susceptibilité¢ au bruit de mesure, une raideur dynamique
minimale relativement élevée et des facteurs d’amplification satisfaisant pour tous
les modes contenus dans l'intervalle 0-2kHz. Seule la réponse au balourd ne satisfait
pas les spécifications des normes. Le contrdleur flou polaire permet alors de réduire
les déplacements de 27% et le maximum du facteur d’amplification de 20%, comme
montré par la Table 8. 8. Le comportement du systeme est alors tout pres du
comportement requis pour des paliers hydrodynamiques. L’ajout d'un simple filtre
synchrone réduisant la raideur synchrone du palier permet alors de respecter toutes
les spécifications. Ce filtre a pour principale vocation de réduire les forces de controle
pour permettre l'utilisation de paliers magnétiques plus petits. Par ailleurs, la
réponse a des excitations aérodynamiques subsynchrones est étudiée. Le controleur
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flou polaire permet de réduire de 30% les déplacements du rotor, comme montré en
Figure 8. 9.

Une étude regroupant plusieurs machines pourrait conduire a la définition d'un
contrdleur flou polaire respectant systématiquement toutes les spécifications. Ainsi,
deux avantages seraient obtenus : la standardisation du contrdleur, et la suppression
du capteur de vitesse et des filtres synchrones adaptés a chaque machine.
Finalement, le systeme serait alors plus simple et plus robuste.
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Conclusions

Le comportement dynamique des compresseurs centrifuges supportés par paliers
magnétiques actifs a été examiné. La distribution de balourd, les joints d’étanchéité et
les excitations aérodynamiques subsynchrones constituent les principales sources de
perturbations et doivent étre considérés afin d’évaluer les performances vibratoires
de chaque machine. De plus, le comportement dynamique doit satisfaire des criteres
exigeants édités par des normes internationales et les utilisateurs finaux. Ces
spécifications visent a la sécurité et a la fiabilité des équipements.

Les stratégies de contrdle industriel usuelles des PMAs ne sont pas pleinement
adaptées aux besoins des turbomachines. Une nouvelle stratégie de controle est
développée. Celle-ci tient compte des possibilités et des limitations de la technologie
existante.

Comme l'amortissement structurel des rotors flexibles est faible, ils sont tres
sensibles au phénomene de «spillover ». Pour répondre a cette problématique, la
bande passante du contrdleur est divisée en deux régions, la transition étant au
voisinage du deuxieme mode flexible. Pour les basses fréquences, les caractéristiques
du controleur sont standardisées pour chaque ligne de produit. Ces caractéristiques
sont celles du controleur flou polaire développé. Pour les hautes fréquences, le PID
sous-jacent est adapté pour assurer la stabilité et la robustesse de chaque machine.

Le contrdleur développé est constitué de trois éléments : le PID sous-jacent
standardisé que nous avons nommé SPID, le contrdleur flou et le calcul des variables
polaires. Le SPID est congu de maniere a simplifier la fonction de transfert du
controleur, alors que le I'approche complete est congue pour satisfaire le cahier des
charges et améliorer le comportement tres basse fréquence (0-50Hz). Par 1'utilisation
de variable exprimées dans les coordonnées polaires couplant les deux axes d’action,
chaque palier est considéré comme une entité a par entiere. L’introduction des
variables polaires permet une meilleure observation du comportement dynamique
du rotor. De plus, comme les variables polaires utilisent les deux capteurs de
déplacement simultanément, il est possible de calculer des forces de controle moins
sensibles au bruit de mesure. Enfin, la logique floue permet d’appliquer des forces de
commande basées sur le comportement dynamique global. Comme les variables
polaires permettent I'observation de ce comportement et la dissociation des sources
de perturbation, le couplage des deux approches est efficace pour l'application
d’actions correctives.

Nous avons montré que ce contrOleur était capable d’atténuer la réponse au
balourd en utilisant des forces d’amortissement qui n’affectent pas de maniere
significative la robustesse du systeme. De plus, il peut aussi augmenter la raideur du
palier pour faire face a des excitations transitoires ou asynchrones, et réduire ainsi
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I'amplitude des déplacements. Si nécessaire les forces de contrdle peuvent étre
réduites en utilisant un filtre synchrone simple. Ce filtre vise a tolérer 1'utilisation de
paliers plus petits.

La stratégie de controle fut évaluée par des simulations numériques et des essais
expérimentaux. Le modele numérique tient compte de tous les éléments de la ligne
d’action (le capteur, l'électroaimant, l’amplificateur, les cables électriques, le
controleur numérique) et le rotor. Les résultats numériques furent comparés avec
ceux obtenus expérimentalement sur le banc d’essais. La calibration de la raideur en
courant nous a permis d’obtenir des résultats satisfaisant et les mémes allures furent
constatées. Le controleur flou polaire a montré une bonne robustesse, une bonne
stabilité et des performances supérieures au PID augmenté fourni avec le banc
d’essais, a la fois pour la réponse au balourd et la réponse a des excitations
subsynchrones.

Finalement, l’approche fut appliquée pour la simulation numérique du
controle d’'un compresseur industriel. Les résultats des simulations numériques nous
donnent d’excellentes perspectives. En utilisant le filtre synchrone toutes les
spécifications furent respectées. D’autre part, le comportement obtenu avec le
contrdleur flou polaire seul est tres proche des spécifications utilisées pour des
paliers classiques hydrodynamiques. Dans ce second cas, le palier est plus simple et
plus fiable.

Pour finir, les conceptions du contrdleur et de la machine sont plus aisées, pour le
controleur moins de parametres doivent étre choisis et pour la machine les propriétés
mécaniques des paliers sont connues par avance. D’autre part, le comportement
dynamique est amélioré. L’optimisation de I’approche et I'utilisation d’un algorithme
de conception automatique pour les caractéristiques hautes fréquences pourraient
conduire a la standardisation des paliers magnétiques actifs.
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Symbols and Nomenclature

Symbols

For more simplicity, the usual symbols are used. As the problem is multi-physic,
several letters are used for different meanings and the major part of symbols is
defined locally. The main symbols (used in different sections) are defined below.

Favme  Force applied by a magnetic bearing N

g Air gap m

g0 Nominal air gap m

Gams  Bearing transfer function -

Ge Closed loop transfer function -

Grotr - Rotor transfer function -

Gs Sensitivity transfer function -

i Current in coil A

lc Control current A

Io Bias current A

Iw Static control current A

Ki Magnetic bearing current stiffness NA'

Kx Magnetic bearing negative stiffness Nm!

L Inductance H

Lr Average length of magnetic flux lines in rotor m

Ls Average length of magnetic flux lines in stator m

N Number of turn in coil

S Active surface m?

x Rotor position m

a Angle between the action line and the line linking the rotor deg
centre to the pole centre

o Generalized displacements m

o Magnetic permeability of vacuum space 41107 Hm?!

pr Relative Magnetic permeability steel -
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Abbreviations

ADC Analog to Digital Converter
AF Amplification Factor
AMB Active Magnetic Bearing
CF Correction Factor
CLTF Closed Loop Transfer Function
DAC Digital to Analog Converter
DSP Digital Signal Processor
FE Finite Element
FEM Finite Elements Method
GE General Electric Company
ICL Integrated Compressor Line
MCS Maximum operating Continuous Speed
MIMO Multiple Inputs Multiple Outputs
OLTF Open Loop Transfer Function
PID Proportional Integral Derivative
PWM Pulse Width Modulation
RMS Root-Mean-Square
SF Synchronous Filter
SISO Single Input Single Output
SM Separation Margin
SPID Standardized Proportional Integral Derivative
ZOH Zero Order Hold
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Historical perspective

Since the invention of the wheel, human kind has not stopped researching solutions
to reduce friction. In numerous applications, friction is responsible for loss of energy,
wear and reduction of the system lifetime. The main solutions used are lubrication
and the third-body in dry friction. In both cases, the separation of the moving
surfaces reduces the friction forces. Hence, levitation appears as the ultimate solution
of this old problem.

Magnetic forces are known since the Antiquity. Magnets permit application of force
at a distance (attractive or repulsive). The first engineering utilization of this
phenomenon is the compass invented during the Middle Age in China. The
utilization of magnets to support a load without friction seems obvious. However,
Earnshaw’s theorem [1842] shows that it is impossible to master the six degrees of
freedom of a body only with passive magnets.

To the author’s knowledge, the first description of a complete active magnetic
suspension dates from 1957. It appears in a French patent issued by the Hispano-
Suiza company. However, at this time the electronic capabilities were not sufficient
to realize the bearings. Thus, the first Active Magnetic Bearings (AMBs) appear
simultaneously in France and in the USA during the early 70’s. Hamilton [1973]
presents a magnetically suspended momentum wheel. The study is carried out by
the General Electric Company for NASA. In France the researches are conducted by
the LRBA (Laboratoire de Recherche de Balistique de I’Armement). This part of the
laboratory has now become the S2M company (Société de Mécanique Magnétique),
worldwide leader in AMBs production.

AMBs are inherently unstable and require feedback control to ensure stable
operation. At the beginning, the electronic technologies were not satisfying. In
addition, the range of expertise necessary to develop magnetic bearings is large
(mechanics, control theory, magnetism, electricity...). Thus, even if they have
numerous advantages, they have had a slow expansion. General Electric has
produced three centrifugal compressors on AMBs (1987, 1994, 1997) before launching
the Integrated Compressor Line (ICL) in 2006 which is now a classical product
presented in Figure 1. 1. Bolusset and Pugnet [1989] relate the commissioning of the
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first European oil free compressor. From 1987 to 2004, the number of compressors on
AMBs produced worldwide was less than ten per year. The technology is really
expanding since 2005. Swann et al. [2008] present a diffusion model of AMBs in large
turbomachinery applications. They show that despite the number of new
applications on compressors, the penetration of AMBs into industry is rather slow,
compared to typical adoption rate time for a new technology.

Due to the progress made in electronics, AMBs are now widely used in different
industrial applications and have been successfully implemented in the field of
turbomachinery. Masala et al. [2010] present the lateral analysis of a vertical
compressor. The magnetic bearings are currently used for:

e Flywheels,

e Turbomolecular pumps,

e Compressors,

e Artificial heart, and

e High speed milling spindle.

Figure 1. 1: Integrated Compressor Line (compressor in green and motor in white)

Concept of Active Magnetic Bearing system

AMBs sum up the definition of mechatronics. They use the unique capability of
magnetic attraction. Electromagnets are utilized to apply forces without contact.
Several electromagnets are necessary to control a complete rotor. In the following,
only one is considered to explain the main principles. The functioning of one
quadrant of a radial bearing is described by Figure 1. 2.

Electromagnets can produce only magnetic attraction forces. Besides, with a constant
current, as the air gap decreases, the force increases. Consequently, the system is
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naturally unstable, since it aims to pull the rotor onto the bearing inner surface. A
control is then unavoidable to maintain the rotor in a stable levitation.

An active magnetic bearing is constituted by a sensor that produces an electric signal
ux proportional to the rotor displacement x. A controller then computes from this
signal a command ui intended for the actuator. This signal is transformed to a
proportional current i in an electromagnet coils which produces a force on the rotor.

The feedback loop makes it possible to stabilize the rotor in its steady state position.
It is responsible for the stiffness and the damping of the bearing. In order to be able
to apply forces in the two opposite directions, two electromagnets are positioned on
each side of the rotor. Finally, at least two radial magnetic bearings and one magnetic
thrust are necessary to master the rotor support.

/Actuator f \

» Amplifier

w| N

Controller H

Sunrgag dopoS

L Sensor | /j7

Figure 1. 2: Schema of an AMB device

The displacement sensor technology used depends on the application. Generally,
inductive probes are used: variable reluctance or eddy current. For particular needs,
optical probes can be used. Because of the structure of actuators, it is impossible to
place the sensor at the same location. Thus, the sensors are positioned slightly on the
actuator’s side. It is the so-called non-collocation. Hence, there is some discrepancy
between the measured displacement and the real displacement at actuator location.
This error can lead to instability and the reduction of overall system performances.
The controller must be adapted accordingly to this property.
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Since their introduction, digital controllers have replaced analog ones. Now
they are used quite exclusively. They can integrate a large range of control
algorithms, and they have the advantage to allow easily the modification of the
controller. The controller is an algorithm that takes into account the history of the
system and its last position to compute an adapted control force. Generally, the
controller is design with a linear transfer function. Several studies have been devoted
to the elaboration of new controllers that enable better design and performance in
operating situations, with acceptable levels of stability and robustness. However,
even the most successful of these controllers has not permitted, for the moment, to
replace the PID controller in industrial applications. The augmented PID controller
permits designers to master the control process. Nevertheless, the control of flexible
rotors remains difficult due to unavoidable spillover effects. This problem is
currently overcome by using phase lag and phase lead filters. In this case also, tuning
these controllers is a delicate operation and is time consuming. On the other hand,
the controller allows unbalance control and diagnostic.

In order to supply bearings with current, linear amplifiers are avoided, as
switching amplifiers are much more efficient and limit energy consumption of the
bearings. In addition, the cooling of linear amplifier might be a difficult task.

Finally, the contact between rotor and magnetic bearing is avoided by using
auxiliary bearings. These secondary bearings are used to support the rotor at rest and
during AMBs faults and failures. Usually, roller bearings are used. Angular contact
ball bearings enable to support radial and axial loads. These bearings have numerous
names in the literature: touch-down, roller, secondary, auxiliary, back-up, catcher,
emergency and retainer bearings are the most common.

Magnetic bearings offer numerous advantages. The rotor levitation enables to
suppress the friction. Then, less energy is necessary to spin the rotor. The rotor can
turn at higher speeds and the wear is reduced. Consequently, the maintenance
operations are less frequent and quicker. There is no need for lubricant. Thus, there is
no contamination with process and some applications such as vacuum pumps
become possible. However, AMBs have also disadvantages, even if they reduce the
operating cost, they are much more expensive than classical bearings. They need a
high expertise level to be mastered especially because they cannot support an
overload even for a short time. Finally, for a given rotor, they are generally bigger.

Introduction to centrifugal compressors

The centrifugal compressor is a turbomachine that can cover the greater part of the
oil and gas range of applications in term of flow rate and pressure ratio. The ranges
of utilisation of the different types of compressors is provided in Figure 1. 3. It offers
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a high level of availability and is used in almost all the oil and gas processes from

upstream (exploration and production) to downstream (petrochemical) through the

midstream (transportation and storage).
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Figure 1. 3: Simplified Compressors map

The main parts of a centrifugal compressor are first, the suction pipe and the IGV
(Inlet Guide Vanes) which guides the gas flow. Then, several impellers compress the
gas (see Figure 1. 4). Between two consecutive impellers, the gas flow is guided
through the stator by the diffuser, the bend and the return channel. A stage of

compression is shown in Figure 1. 5. Finally, the gas is collected

in the discharge

scroll. Labyrinth gas seals are used to avoid internal gas leakages. They are placed on
the two sides of each impeller. Naturally, an axial force appears on each impeller due

to the flow and the pressure gap between the two faces. The balance
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on the rotor compensates this force. On one side of the balance drum is applied the
suction pressure and on the other the discharge one. The thrust bearing supports the
remaining axial force, which depends on the operating conditions.

Figure 1. 4: Photography of a horizontally split compressor

These machines are produced in a very limited number: typically each machine is
unique. Generally, the machine is supported by tilting pad bearings. A low speed
motor is coupled to the compressor through a gear train.

Stator
Impeller

Gas seals
Shaft

Figure 1. 5: Scheme of a compression stage

Since 2007 GE QOil & Gas manufactures a new compressor supported by magnetic
bearings in the range of 3MW to 15MW. A high speed motor is directly coupled to
the compressor through a flexible coupling. The overall is placed in a unique
pressurized casing as described by Figure 1. 6. Only the use of magnetic bearings
permits to have bearing immerged fully in the process gas, and to avoid the use of
any additional external fluid.
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Figure 1. 6: Schema of the ICL structure

Consequently, the advantages of the ICL are that it enables to save 30,000L of
lubricant per year. The absence of lubricant improves the safety by reducing the risk
of fire. The machines are more convenient since there is no need to heat the lubricant
several hours before startup. Finally, all gas leakages are suppressed avoiding the
emission of 600 tons of CO: per year. As oil systems are often more bulky than
compressors themselves, the mass and the footprint of the unit are considerably
reduced as revealed by Figure 1. 7. Finally, as the time between two maintenance
operations is longer the compressor can be placed directly on the oceanic floor. The
Blue-C™ compressor of GE dedicated to this operating environment is currently
under development.
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Figure 1. 7: Photography of conventional compressor unit VS ICL unit
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Pugnet [2010] presents the development of compressors supported by AMBs starting
from the first European compressor on AMBs to the ICL project. From a machinery
manufacturer point of view, the AMBs still have two disadvantages:
e The design of controllers is time consuming, and
e The bearing characteristics depend too much on the rotor properties. As the
final rotor properties are uncertain due to manufacturing tolerances, there
are sometimes discrepancies between numerical predictions and final
tunings on the machine.

Motivations

Mechatronics devices become widespread in all industrial areas. Maslen [2008]
discusses the utilization of mechatronics in industrial turbomachinery. Several
studies have shown the effectiveness of diagnostic for the detection of crack, surge or
several other faults. The active systems are more and more used from AMBs to motor
through active control of inlet guide vanes for example. However, the function
remained separated. It is clear that integration of global control should improve the
results obtained. In addition, these highly technological devices are often produced
by different subsuppliers. The optimization of the machines is possible, only if the
machinery manufacturer masters the design of all these different advanced
technologies.

Concerning AMBs, Schweitzer [2009] sees several research axes that need to be
deepened. Among them, we consider essential for a turbomachinery the control of
flexible rotors, the analysis of rotor behaviour during bearing fault and the concept of
smart machines. Even if significant progresses have been made, the control of
synchronous forces is still studied. Finally, we think that progress must be realized
concerning the susceptibility to chemical aggressions and high temperatures.

AMBs are a key component to design mechatronic systems and to introduce the
concept of smart machines. Such a machine is able of high precision, autocalibration,
adaptation or diagnostics. It could estimate its capability to operate normally, its
remaining lifetime, or compensate faults. Obviously, these faculties should lead to
less maintenance and safety issues. The mechatronic structure of AMBs permits to
develop these tools and to implement them in the software.

The number of turbomachines supported by AMBs is constantly increasing.
However, the possibilities offered by this technology are not completely used.
Magnetic bearings are used like simple bearings and not for identification or
diagnostics. They are also actuators able to excite the rotor with a defined signal with
high precision on forces applied. Aenis et al. [2002] present an assessment of different
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methods used to measure the electromagnetic forces. Magnetic bearings can be used
for health monitoring. Nordmann and Aenis [2004] show that it is possible to observe
a system fault in a centrifugal pump (bearing or hydrodynamic components). Mani
et al. [2006] present a method for the detection of cracked shaft. And, Kjelhede [2007]
uses the capabilities of AMBs to identify the characteristics of a tilting pad journal
bearing. Finally, the AMBs can be used to control a process. Blom and Van den Hof
[2008] estimate the cutting forces in micromilling. This project aimed to control the
micromilling process.

Even if progress has been realized, it is certainly the research topic where
gains are the most expected. There are different solutions for diagnostics or analyses
but not yet for auto-corrections. Finally, a smart machine should be able to master all
its components at any moment.

In most cases, faults and failures produce contact between rotor and stator. Rotor
stator contacts lead to high level of vibrations with potential damage. The risk of
damage is reduced by using auxiliary bearings. These bearings support the rotor
until the return to normal operating conditions or until complete shut down of the
machine. Normally, the auxiliary bearings have the minimum clearance of the
machine. Moreover, even during high dynamic loads the rotor must not touch
another element.

The contact between auxiliary bearings and rotor exists only at rest or during
faults. Gelin [1990] studies the dynamic behaviour of rotor after its drop. On the
other hand, Cole et al. [2002] study the dynamic behaviour of a rolling element
following rotor impact. Keogh and Woon [2007] present the thermal effect of contact
between rotor and auxiliary bearings.

Keogh et al. [2004] show that even with a stable controller a temporary contact
can lead to unstable behaviour. They propose a new synchronous controller that
enables recovery of stable levitation. Cole et al. [2006] propose to use compact
wavelets to design a controller able to return the rotor from a contacting to a non-
contacting state. In addition, Na et al. [2000][2001][2002] present methods to maintain
operation when coil failure occur.

Large industrial machines have specific behaviour due to rotor inertia, high
rotating speeds and high dynamic loads. Ransom et al. [2009] present the numerical
and the experimental investigations on vertical rotor drop onto auxiliary bearings.
The high speed rotor is medium scale (1/3 of a real motocompressor). Results show
good auxiliary bearing performance, providing confidence in a satisfactory lifetime
of these bearings. Nevertheless, it exists remaining problems. For example, there is a
lack of information on the dynamic behaviour of rotor and roller bearings when
radial bearings are operating well, but a thrust bearing failure occurs. Finally, several
studies have begun to deal with floating platform or ship-board machines, which are
subjected to particular loads produced by stator movements. In addition, for certain
machines, the complete failure is not acceptable (e. g. for aircraft engines). It is then
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necessary to develop new solutions (redundancy components, algorithms...), to
ensure the safety of goods and human beings.

In some applications, faults arise because of the harsh environment. Centrifugal
compressors are used in field where the gas can be very aggressive, particularly in
upstream. Until now, canned AMBs are utilized for these applications. In this case, a
thin sheet of stainless steel protects the bearings. Consequently, the magnetic air gap
is increased between stator and rotor and the performance decreased. Moreover,
emergency compressor depressurisation produces a differential pressure on each
side of the sheet and damage can occur. New solutions could improve the behaviour
of these machines.

In addition, there is an important range of applications where thermal
considerations limit the utilization of magnetic bearings (steam turbines, gas
turbines, aircraft engines...). Burdet [2006] discusses the design of high temperature
magnetic bearings. It presents and validates a design operating at temperatures up to
550°C. However, this technology is still far from industrialisation.

Even when the bearings operate in a friendly environment, the control of the
dynamic behaviour of the rotor remains a challenge. Modern machines are optimized
according to the performances and the production cost. Consequently, they are
lighter and operate at higher rotational speeds. When the operating speed is above
the first bending critical speed, the machine is considered supercritical. The control of
a flexible rotor is much more complicated than that of rigid one. Indeed, a flexible
rotor is susceptible to respond to an excitation on a wide range of frequencies. Thus,
the high frequency characteristics of the controller are decisive for the system global
stability. In addition, when the sensor and the actuator are non-colocalized, there is
always at least one flexible mode with a node between sensor and actuator. Then, the
misinterpretation can produce instabilities.

Several studies have shown the feasibility of such a control. Lei and Palazzolo
[2008] apply an augmented PID controller to a flexible flywheel. The design of
synchronous filters and notch filters permits design of a controller robust relative to
unbalances, measurement noise and sensor run-out. Spirig et al. [2002] present
among other things, the design of a PID controller for an industrial centrifugal
compressor. More advanced controllers are discussed in the next chapter.

Each type of machine has its own characteristics. Thus, it is necessary to define
which control strategy is the most suitable for each one. Then, different alternatives
exist for each strategy: SISO, MIMO, gain scheduling...

An efficient way to improve the performances of the system is to apply special filters
in order to control the main disturbances. These disturbances are synchronous, like
the unbalance distribution resulting from the misalignment between the geometrical
axis and the axis of inertia of the rotor. The so-called sensor run-out produces also
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synchronous excitations due to imperfect circularity and non-uniform magnetic
properties of the rotor. Several methods are available to treat these excitations
depending upon the particular goal. For large turbomachinery they can lead to two
problems, first excessive vibrations and second dynamic saturation of the bearing.
Thus, they must be considered seriously. The main existing control methods are
presented in the next chapter. However, most of these algorithms are adapted to
linear controllers, and modifications have to be considered to utilize them with non-
linear controllers.

Rotor can be disturbed by non-synchronous excitations, from very common
negative stiffness and measurement noise to very particular arising from process. For
centrifugal compressor excitations are produced by gas seals and aerodynamic
subsynchronous excitations. Of course, as these disturbances depend on the
application considered there are few documents in the literature.

Many other studies have been done in these different domains. Obviously, some of
the important contributors are forgotten and the author apologizes for this in
advance. This study is mainly focused on the control of flexible rotors. Even if the
other domains are considered, they are not treated explicitly.

Objectives and contributions

AMB technology has many advantages to argue. This work aims to develop a new
control strategy optimized for motocompressor, considering industrial requirements
for the development of a new generation of turbomachinery.

The spectrum of applications covered by AMBs is nowadays largely diversified. Each
application presents its own operating conditions and excitations in addition to the
unbalance distribution. For a centrifugal compressor, inherent disturbances are
generated by gas turbulences and lead to undesirable excitations. In addition,
annular gas seals utilized to prevent internal gas leakage introduce a negative
effective damping at low frequency whatever the technology used (Ertas et al.
[2012]). Consequently, a given control strategy could not match all the particular
requirements. The lateral dynamic behaviour of these machines must respect rules
dictated by international standards such as ISO 14839 [2002][2004][2006][2012] and
API 617 [2002]. Industrial requirements involve several constraints regarding
performance, robustness, easiness of implementation and final tuning. The
specifications of the final users must also be taken into account. New controllers
should exhibit better performance with the same level of robustness as classical
augmented PID controllers. As known, industrial augmented PID controllers are
linear and SISO systems. Thus, there are at least two ways of improvement: non-
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linear and MIMO controllers. Fuzzy logic produces a non-linear controller adapted to
complex system and leads to robust behaviour since it takes into account
uncertainties. On the other hand, instead of controlling separately the different action
lines, making use of polar coordinates permits to design one controller for the two
action lines of the bearing. Then, the controller applies actions on the global
behaviour of the machine and not only on localized behaviour.

For a first approach, the controller is designed to control relatively small
disturbances, which concern nominal behaviour (class A ISO 14839 [2002]). Faults
and failures are beyond the scope of this document. They lead to special non-linear
effects such as momentary contact with catcher bearings or dynamic saturation of
AMBs. These effects depend strongly on the controller and the bearings capacities
(magnetic and auxiliary). The capacity of the controller to maintain a stable
behaviour in these special conditions could be tested later.

A centrifugal compressor is produced in a very limited number. As the bearing
characteristics can influence the rotor design, it is interesting to develop a specific
controller for a range product. Very often, the AMB dynamic characteristics depend
on the rotor and there are discrepancies between numerical simulations and the on
site controllers. It is expected that a simpler controller could have more constant
characteristics. This controller has to be relatively standard in order to be easily
adjusted to each machine. Thus, the rotordynamic analysis can be done easily during
the machine design process. The aim of this kind of controller is also to make
customers more confident with this technology and to reduce the design and tuning
time. In this document, this motivation was considered as a major requirement for
the elaboration of the controller.

Generally, PID controllers are not sufficient to obtain acceptable unbalance
responses, and the specifications are satisfied by using general notch filters. These
filters utilize the tachometer signal provided by rotational speed sensor.
Synchronous filters are widespread in industrial applications. However, the
implementation of most of these filters requires additional hardware and obviously
affects the global system reliability even if speed sensors are robust. Speed sensors
are useful for diagnostic and monitoring purpose but with the structure of ICL two
speed sensors are necessary for control subject instead of only one for monitoring
purpose. Indeed, the flexible coupling between the motor and the compressor serves
as a fuse in case of high torque between the two machines. For example, abnormal
high torque can appear in case of electrical short circuit inside the motor. This torque
can reach 8 times the nominal value and could damage the compressor.
Consequently, after such an event the two rotors run-down at different rotating
speeds and two speeds sensors are necessary. The suppression of synchronous filters
would permit to obtain two advantages: the standardization of the controller and the
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suppression of the speed sensor. Thus, the hardware of the bearing would be simpler
and more robust.

The controller developed must be validated. Usually, four steps are necessary: first
the numerical design and analysis, second the experimental assessment on an
academic rotor, third the experimental test on a medium scale rotor having dynamic
properties close to a compressor, and finally the validation on a real machine. This
process is relatively long. Consequently, the objectives were only the implementation
and the experimental assessment on an academic test rig. Then, numerical
investigations have allowed analyzing the control of an industrial compressor.

The major contributions of this work can be summarized as:

e A new control approach. First, a Standard PID was tuned (SPID) and then the
tuzzy controllers modulated the SPID gains. The SPID is designed in order
to have low frequency characteristics independent of rotor geometry.

e The utilisation of polar coordinates is introduced. The originality of the
methodology developed is that it manages two significant physical
quantities, namely tangential and radial velocities, which are associated with
steady state and transient behaviours respectively. Besides, the polar
physical quantities are interesting to apply targeted actions. The outputs are
the forces computed in the polar coordinates and are converted into currents
that drive the action lines at the same time. The controller considers each
bearing as a single MIMO system, with the displacements in the two
orthogonal directions as inputs. Hawkins et al. [2000] and Park et al. [2008]
utilize this type of MIMO control with cross control to compensate flywheel
gyroscopic effects. It was also applied by Matsushita et al. [1990] to generate
synchronal damping by using general notch filters associated with cross
stiffness.

e A fuzzy controller was developed by making use of inputs expressed in polar
coordinates. The fuzzy logic, which is a decision support system, is a
powerful tool in order to use this information for control issues. This
controller enables tackling undesirable anisotropic behaviour of non-linear
controllers by using polar coordinates. A Sugeno algorithm with simple
rules is used. The fuzzy blocks are easy to tune, as the fuzzy rules are
defined as a function of the dynamic behaviour of the rotating machinery.
This behaviour is almost the same for a given range of products, the
geometrical variations may affect the amplitudes of the response, but not the
phenomena considered.
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Chapter 1 - INTRODUCTION

Organization of this thesis

Chapter 2: In this chapter the most advanced control strategy are discussed. The
advantages and disadvantages of u-synthesis, modal control and fuzzy control are
highlighted. The motivations for developing fuzzy logic strategy are emphasized.

Chapter 3: This chapter deals with the numerical model of the rotor supported by
two magnetic journal bearings. The behaviours of sensors, numerical controllers,
amplifiers electromagnets and cables are described. The modelling of the different
components of an AMB system is presented. The characteristics and the limitations of
each element are shown.

Chapter 4: The standards requirements are discussed. The technical limitations and
the physical laws use for the controller design are detailed. Finally, the controller
synthesis method is described for an industrial augmented PID.

Chapter 5: The control strategy developed is detailed. The advantages of the
utilization of polar quantities for observation and action are highlighted. The
principles of the fuzzy logic are presented. The tuning of fuzzy controllers is
detailed. Finally, the control strategy developed is described and discussed.

Chapter 6: The experimental test rig is presented. Numerical and experimental
results are compared and the differences discussed. The numerical model is
calibrated to match with experimental results. Finally, the numerical model is
validated according standards requirements.

Chapter 7: The fuzzy logic controller is assessed with numerical and experimental
investigations on the academic test rig. The results obtained are compared with those
of a classical augmented PID controller.

Chapter 8: The controller is applied to an industrial compressor. Numerical
simulations are performed to evaluate the controller. The controller is assessed for
different configurations that correspond to the standards and the compressor final
user specifications.

Chapter 9: The advantages and disadvantages are highlighted and the conclusions
are summarized. Some issues for future research are addressed.
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Chapter 2 - LITERATURE REVIEW

Introduction

This literature review is not exhaustive. Obviously, some relevant works are
forgotten and the author apologizes for this in advance. There are numerous
publications on rotor supported by AMBs. Most of them are certainly dedicated to
the control. This work is devoted to the control of flexible rotor supported by two
classical radial active magnetic bearings. Rotors considered have low gyroscopic
effect, and the nominal conditions are considered i.e. without fault or failure. For this
type of machine, several controllers were examined. The control strategy developed
was chosen based on the literature review and the application considered.

The controller could be classified in terms of different characteristics (linear, non-
linear, adaptive, SISO, MIMO, optimal and robust). Most of these properties are
inherent to each controller theory, but adaptive control can be used with all the
strategies. Adaptive control is the possibility of the controller to change its properties
as a function of the system modifications or environmental conditions. It is different
from non-linear control where the properties change as a function of the amplitude
of measurements. In adaptive control the system shifts from one controller to
another, during a time relatively long from a real time control point of view, e.g.:
gain scheduling enables adaptive control.

Nonami [1995] shows that some modern controls such as LQ, LQG, disturbance
cancellation and Hz do not provide appropriate robustness. He comments that for
linear systems the p-synthesis controller gives good results, as well as H- controllers
that can be classified among p-synthesis controllers. Finally, for non-linear systems,
the sliding mode control associated with the p-synthesis seems to be a better
solution. Maslen and Montie [2001] discuss the application of sliding mode control to
AMBs. They conclude that this type of controller is no more efficient than an
augmented PID, but it can be a tool during the controller synthesis.

After more than two decades of research, three control strategies are still
developed by researchers: u-synthesis, modal and fuzzy controls (the augmented
PID having reached maturity, it will be developed in Chapter 4). The works
dedicated to unbalance control are also discussed in this chapter. Unbalance control
is different from classical control theory but it is essential for industrial application.
Thus, it is important to have an idea about the different strategies. Finally, a
comparative analysis is presented.
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p-synthesis

u-synthesis provides an encouraging method for automatic tuning. It permits to
design multivariable controllers that include both performance specifications and
robustness guarantees for a given range of uncertainty that has to be set.
Unfortunately, this method is very complex and cannot take into account all the
requirements for a rotating machine. In particular, there is no simple formulation
available for parametric functions such as gyroscopic effect. In addition,
requirements can be conflicting and it is of engineer responsibility's to define the
major specifications.

Font et al. [1997] present a H- controller applied to a flexible rotor supported by
AMBs. This work is original because weighting functions are applied on each mode.
Thus, the disturbance rejection is focused on the first modes and the robustness for
the high frequency modes. The order of the SISO controller obtained equals
seventeen and can be reduced.

Nonami et al. [1997] present the control of a milling AMB spindle with flexible
rotor. Robust control is obtained wusing p-synthesis with descriptor form.
Experimental results show the effectiveness of the method. Fittro and Knospe [2002]
present the application of p-synthesis for the control of an academic flexible rotor
supported by two radial AMBs. The MIMO controller obtained is almost as robust as
the handmade optimized PD controller, and has 30% higher performances. Besides,
the u-synthesis controller is obtained relatively automatically. The main difference
between the two approaches is that the p-synthesis controller is MIMO. Thus, the
controller uses the displacements (from a same direction) provided by the two
bearings. Therefore, there are twice more controllers, than for the decentralized
optimized PD controller. Although it is clear that making use of all the inputs
available enhances the system performances, this type of global control is precluded
for handmade controllers by the design difficulties. Losch [2002] studies an
automated control design based on an identification of the rotor supported by active
magnetic bearings. The results are convincing and the tuning quick, but the
performance of the controllers obtained seems still too limited for industrialization.
This attempt to generalize the design approach is encouraging for the development
of the method.

Li et al. [2006] apply a p-synthesis controller to a rotor supported by AMBs.
They use a precise identification of the whole system to quantify the modelling
uncertainty. Based on these results they design a robust controller.

Schweitzer and Maslen [2009] apply the u-synthesis method for the control of
a two stages supercritical compressor. The result is interesting because the controller
is tuned automatically. The controller is obtained from the description of the plant in
the state space and the weighting functions. The weighting functions describe the
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different objectives that must be met by the controller (performance, robustness...),
and are easily constructed from logic reasoning. The authors highlight the remaining
difficulties for this type of controller. First, it is difficult to take into account the
parametric effects such as gyroscopic ones. Then, the method provides a controller
whose order equals the sum of the plant order plus the order of weighting functions.
This is an important limitation for the definition of weighting functions. Moreover,
convergence of the design process is not guaranteed. The weighting functions must
be sufficiently restrictive but not too. Finally, the order of the controller obtained
must be reduced so it could be implemented in a real time process. This operation
seems particularly difficult to realize, because during reduction an equivalent
controller transfer function must be found with a lower order. Then, the reduced
controller must still satisfy the specifications.

Last studies take into account not only the general rotor dynamics, but also the
process where are involved the machines. Pesch and Sawicki [2012] use a force
cutting model in order to stabilize not only the rotor but also the machining process
and to obtain chatter attenuation.

Modal

The modal controller can be considered as an ideal controller where the control
energy is concentrated on the targeted modes. Modal control is realized through two
stages, first the contribution of each mode is separated and then an optimal controller
is constructed for each mode in the operating frequency range. The higher frequency
modes are ignored since the effect on these quantities is assumed to be negligible.
This type of control has two advantages, first, the controller is easily optimized for
each mode and, second, the highest frequency modes can be ignored. However, these
properties are guaranteed only for an ideal modal controller, this means for an
infinity of displacement sensors and for a perfect modal basis of the structure.

The modal approach was validated on numerous applications. Until now, this
strategy has been validated experimentally on rotor with hybrid bearings but not
with AMBs. The oil film present in these bearings provides damping for the high
frequency modes. Consequently, the hypotheses of modal theory are respected. New
solutions to this problem have been tested and validated numerically but not yet
experimentally.

Nonami and Fleming [1986] present a quasi-modal method to control rotor
vibrations through active bearings. The controller requires almost no tuning, since
the controller is designed to provide critical damping on each mode. In addition, the
controller avoids the use of a state observer. The results show the possibility to
control three modes with only two velocity sensors and two actuators positioned
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along the shaft. However, this control can be efficient only if the sensor positions can
be chosen and optimized. Moreover, the authors report no indication about how the
control forces interact with the higher frequency modes.

Lin and Yu [2004] discuss utilization of modal control for flexible rotor on
magnetic suspension. They use a first level control to tackle the problem of rigid
body modes such that the rotor modes are defined and properly separated. Then, the
modal control is implemented in a second level. This work shows how a significant
reduction of the spillover effect can be obtained by using a switching approach,
which directs the control to modes with higher vibration contributions. Yu et al.
[2007] improve the approach by using a robust modal control designed with H-
norm and a modal observer.

Simoes et al. [2007] present experimental results on a rotor supported by a
hybrid bearing made with piezoelectric stack actuators. The modal control is
obtained through an LQE state estimator and an LQG controller. The effectiveness of
this control strategy is demonstrated during impulse and step disturbances, and also
during unbalance responses. Indirectly, this work emphasizes that the utilization of a
hybrid bearing can significantly reduce the problem of spillover.

Modal control is an important challenge for the future, but there is no proof on the
possibility to separate sufficiently the modes in order to ignore the high frequency
modes during the design of the controller. The application of modal control to rotor
supported by AMBs requires an adaptation in order to tackle the spillover stability
problem.

Fuzzy

There are different types of non-linear controllers (time-variant, linearization
based...). Ponsart [1996] presents a non-linear control based on flatness theory. He
proves the effectiveness of this theory for the control of a rigid rotor. Among the
range of non-linear controller, the fuzzy logic controllers seem to be one of the most
suitable for AMBs. Indeed, they are not based on an identification of the system, but
on its global behaviour. An expert is then need for the controller synthesis. Fuzzy
logic permits to use uncertain measurements by simulating the human being
reasoning during decision making.

Fuzzy logic has been extensively developed on flexible beam. The coupling of fuzzy
logic with modal control has enabled to obtain efficient controller. It can be expected
that the approach will follow the same progression on rotor. Kwak and Sciulli [1996]
discuss the application of fuzzy controller to a flexible beam equipped with
piezoelectric actuators. They demonstrate the robustness and the performance of this
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type of controller. Mahlis [2002] presents a fuzzy modal controller. Piezoelectric
actuators are used for the control of a flexible beam and a rotor. Mahfoud and Der
Hagopian [2011] show a comparative study of fuzzy control and modal fuzzy control
applied to a flexible beam equipped with an electromagnetic actuator. The two
controllers give good results, but the modal controller is more efficient while using
less control energy.

In parallel, Koskinen [1993] studies the application of fuzzy controller to AMBs. He
uses the displacement and velocity to reduce the controller gain at high frequency
and improve its robustness.

It is straightforward to realize a fuzzy PI or fuzzy PD controller but less
evident for fuzzy PID controller. Qiao and Mizumoto [1996] present a method to
realize easily a fuzzy PID controller. They use the displacement and the velocity as
inputs of their fuzzy controller. The output is used to generate two controllers in
parallel (a fuzzy PI and a fuzzy PD). Then, the commands computed by the two
controllers are added to obtain a fuzzy PID controller.

Fuh and Tung [1997] demonstrate the stability of fuzzy control systems
through the Popov-Lyapunov approach. The method is applied on a magnetic
bearing experiment. This work is interesting because it permits to guarantee a region
of stability. Nevertheless, the developed method is relatively complex and certainly
not suitable for all fuzzy controllers.

Lei et al. [2000] make use of an AMB to move and control the rotor of an active
stall control test rig. They show that in presence of large motions, a classic PID
controller cannot manage the rotor in a stable manner. A simple fuzzy controller is
developed in order to deal with this kind of non-linearity. Golob and Tovornik [2003]
show a comparative study of PID controller and fuzzy PID controller for the
experimental control of a magnetically levitated ball. As expected, the fuzzy
controller leads to better results.

Couzon [2003] presents a neuro-fuzzy controller for systematic tuning. A
neuronal network is used to identify the actuators and the rigid rotor of a vacuum
pump. Then, a fuzzy logic controller is automatically tuned. The controller obtained
exhibits a robust dynamic behaviour through different experimental tests. Chen et al.
[2009] present a self-tuning fuzzy PID controller for unbalance compensation. An
observer is used to identify the structural behaviour and to tune the controller. The
observer is also used for unbalance identification and compensation. As the classic
observer is not suitable for all operating conditions, a fuzzy observer is developed.
The experimental results emphasize the efficiency of the obtained controller.

A fuzzy controller is tuned with heuristic rules. Thus, it could not be considered as
an optimal controller. It is designed for robustness and its performance stems from
its non-linear properties. Even if some tools exist, the analysis of fuzzy controller is
still a challenge. The controller can be optimized by using neural network for
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example but the expert analysis of the system cannot be avoided. In fuzzy logic
method, the identification of the system is not necessary as the control is based on
rules that summarize the system behaviour. Unfortunately, it seems that there is no
existing solution to integrate the stability of high frequency modes in the controller
with simple and efficient rules. The method proposed by Koskinen [1993] seems not
sufficient and it was a major goal of this work to solve this problem.

Unbalance control

There are numerous manners to realize unbalance control in the literature.
Schweitzer and Maslen [2009] classify them in function of their main goals, i.e. the
attenuation of vibrations or forces or the generation of synchronous damping. There
are all sorts of possibilities in order to realize synchronous control. One of them is the
utilization of synchronous filters designed with notch filters. The goal is to transform
the controller transfer function into a parametric transfer function, which depends on
rotating speed. The controller is modified locally around the rotating speed
frequency. This modification can produce more damping, less stiffness... The cost of
this transformation is generally a reduction of the bearing damping for frequencies
just below the rotating frequency. The advantage of this proven method is the direct
relationship between the tachometer signal and the action of the synchronous
controller (there is no delay). The acceleration phases can be a problem with method
requiring a delay. The class of studied machine is regularly subjected to emergency
shutdowns (several times a month). This type of shutdown is triggered when the
machine behaviour is abnormal or more often because the characteristics of the
industrial process are not the expected ones. Then, the gas quickly slows down the
rotor. During the first seconds, the deceleration rate is of the order of 2500rpm/s.

Generally, information about rotating speed is necessary. Most of the methods use
the signal provided by a rotational speed sensor. It is interesting to avoid this sensor,
which needs cables and connections while it decreases the mean lifetime of industrial
systems. Nonami et al. [1998] show an adaptive algorithm with identification of
disturbance frequency. The estimation is precise, but the convergence time is about 1
second, what seems long during acceleration phases. In addition, the estimation is
sensitive to noise. Lee et al. [2003] present an unbalance compensation, where the
speed is computed directly from vibrations, and then used to reduce the bearing
forces. However, the speed estimation lacks of robustness.

The identification based methods are the most powerful during operating conditions.
They require an adaptive algorithm, because even if the unbalance distribution is
constant, the corrective unbalances must change as a function of rotational speed.
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This can be easily illustrated. If we consider a perfect rigid rotor equipped with a
unique unbalance at middle span. For the first critical speed (cylindrical mode), each
bearing will compensate half the unbalance. However, the unbalance will have no
effect on the tilting mode, and compensation will be not required. Moreover, the
unbalance can change due to thermal effects, wear... The problem with adaptive
algorithms is the time need to refresh the data. Thus, they are less suitable for
important accelerations.

Shi et al. [2004] compare two feedforward adaptive controllers. The first is
used for attenuation of vibration and the second for attenuation of forces. The
algorithm for reduction of vibration enables to compensate the unbalance forces. In
this case, the rotor spins around its geometric axis .This type of algorithm is efficient,
but needs an actuator capable of providing the huge required forces without power
saturation. In the second case, forces are attenuated and the rotor spins around its
inertial axis. The control needs low forces but as the compensation is not exact, the
displacements are still important. Therefore, the attenuation of forces is more suitable
for turbomachinery in order to avoid the saturation of amplifiers.

Cutting-off the synchronous force permits to never cross the rigid body modes
because the synchronous stiffness is nil. The problem is that this strategy cannot be
applied when the operating speed is close or above the first flexible natural
frequency, because the bending frequency is different from zero when stiffness is nil.
One possibility, for crossing flexible critical speeds, is the utilization of notch filters
that provide damping forces. The two principal methods to produce synchronous
damping are the derivation of the displacement and the geometric damping
generated by introducing a cross stiffness. Matsushita et al. [1990] use the cross
stiffness effect to stabilizing forward and backward vibration. Notch filters are used
to apply this cross stiffness at specific frequencies. Larsonneur [2006] makes use of
notch filters to produce only synchronous damping (no stiffness).

In all the cases, generalized synchronous filters are an additional feature which
modifies the behaviour of the rotor. They have to be considered carefully. They can
greatly improve the system performances, but they reduce the stability of the system
at least on a narrow range of frequency. Tamisier et al. [2001] show a method that
permits to cross the first critical speed. The identification enables a precise
compensation without jeopardizing the system stability.

Particularly, the amplification factor computed from the unbalance response
with synchronous filters has not the usual sense for the system stability. Moreover,
the actual performances are closely linked to the system capacity to measure the
rotor speed.
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Summary

It is very difficult and of course subjective to attribute a note to each control strategy.
We have attempted to qualify the four main strategies (Table 2. 1) on four criteria:

e The maturity achieved by the strategy,

e The initial difficulty to develop the strategy,

e The difficulty to design a controller, and

e The quality of the final result and the advantages for end users
The maturity indicates the ability of the method to be implemented in industrial
application within a short time. The initial difficulty comes from the theory
complexity and its easiness to be adapted to a given range of application. The goal is
to develop the tools and algorithms that will be used by the engineers and
technicians. Finally, the design easiness is assessed by the skills required for the
person that design the controller of a new machine and the time necessary to do this
work. The quality for the end users could be the balance between the stability, the
performances and the robustness.

As expected, the three new strategies are globally equivalents and everyone
shall choose the strategy adapted to his specifications. At this stage, no weighting
functions were attributed to the different criteria. Modal control is the more
promising but also the farthest from industrialisation. It offers important advantages
if the use of numerous sensors is possible. u-synthesis enables systematic tuning for
moderate problems. It is definitely the controller researched by industrials, but it
seems not adapted to complex problems of rotordynamics. Finally, we choose to
develop fuzzy controllers because they have no hindrance for industrial utilization.
Their non-linear behaviour can be acceptable, if it is used carefully. Besides, they can
be coupled with the other controllers in order to combine their advantages.

PID (ref.)  u-synthesis Modal Fuzzy
Maturity 0 -1 -3 -1
Theory complexity 0 -2 -2 -1
Design easiness 0 +3 +3 +1
Quality for end users 0 +1 +3 +2
Total 0 +1 +1 +1

Table 2. 1: Comparison of the main controllers
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Chapter 3 - AMB SYSTEM AND FLEXIBLE ROTOR
MODELING

Introduction — Hypothesis

The work presented hereafter aims to detail the hypotheses that have led to the
model establishment. The main phenomena have been studied in order to obtain a
reliable model representative of the real behaviour. The internal report, addressed to
GE Oil & Gas at the end of the first year, details the different achieved studies (Defoy
et al. [2010]). Here, only the main conclusions are reported.

Habermann [1984] describes the technical characteristics of a complete AMB device.
He considers the electromagnets, the amplifiers, the sensors and the controllers.
Schweitzer and Maslen [2009] present the technologies used nowadays. The different
elements studied in this chapter are indicated in Figure 3. 1.

In this chapter, the different models used to represent the AMBs in numerical
simulation are discussed. The AMBs used for academic test rig and compressor are
sufficiently similar to consider only one model. Of course, the model parameters are
adjusted for the two applications.

/ Actuating \ /Signal acquisition\

Electromagnets | Rotor } » Sensor probes
4 v
Cables Cables
4 v
Amplifiers Sensor card
4 v
k DAC ) Controller |« k ADC /

Figure 3. 1: Detail of the different elements of an action line

Modelling of active magnetic bearings can be considered as well known in the case of
nominal behaviour. Nominal behaviour is defined by a position close to the bearing
centre relatively to the air gap, and force acceptable relatively to the magnetic
saturation and amplifier dynamic saturation. The AMBs are normally designed to
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accept just slight incursions in the saturation domain. The two reasons are first, the
high non-linearity achieved in this domain and second, the desire to limit the
magnetic hysteresis effects. Eddy currents slow down the variation of magnetic flux.
They depend mainly on two parameters, the electrical resistivity of material and the
section of iron core. Thus, whenever possible, in order to reduce the eddy current
effects, the iron core of magnetic circuit is made of a stack of laminated sheets of steel
insulate each other. Traxler [1985] reports experiments with a radial bearing
constructed from sheets, where a constant current stiffness were measured up to a
frequency of 1.4 kHz. The eddy currents are neglected in this study.

The hysteresis curve can depend on frequency. This phenomenon appears
with high eddy currents. Keith et al. [1993] show that for mild steels, this effect can
be neglected. The magnetic hysteresis effects are neglected in this study.

Displacement sensors

The design of the displacement sensors is important for the performance of the
magnetic bearing. The sensors must measure the displacement of a rotating surface.
Thus, contact-free sensors with low sensitivity to material non-homogeneity are
required. The operating conditions inside a compressor (gas, dirt and undesirable
residues), coupled with the utilization of electromagnetic actuators with unavoidable
flux leakages, make impossible the use of most of the displacement sensors (optical
sensors, capacitive sensors and magnetic sensors). Thus, only inductive sensors and
eddy current sensor are suitable for this type of application. In some cases, sensors
must be protected from gas by a sheet of metal to avoid damages. The sensors are
characterized by:
e Their linearity,
e Their sensitivity, indicating the ratio of the output signal voltage variation
over the displacement (mV/um),
e Their bandwidth of frequency, i.e. the frequency range where the sensitivity is
independent of frequency with negligible phase lag,
e Their resolution, the minimum displacement that can be distinguished, and
e Their measuring range, defined by the range of measurable displacements.

In addition, their sensitivity to magnetic external disturbances, non-homogeneity of
material (electrical run-out), non-axisymmetry (mechanical run-out) and temperature
variations are also taken into account.

Inductive sensors have a smaller frequency bandwidth than eddy current sensors.
However, eddy current sensors need a magnetic shield, and the available structures
are more sensitive to electrical and mechanical run-out since their surface is small
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compared to the typical surface of inductive sensors. On the other hand, Charron
[2003] reports that eddy current sensors are more susceptible to material non-
homogeneity, leading to electrical run-out for magnetic bearing application. Charron
[2004] presents the typical characteristics of contact-free sensors. In the following,
only inductive sensors are considered.

Inductive sensors permit to measure the displacement of a ferromagnetic target. Each
sensor is formed of two identical probes put on both sides of the target. Each probe is
composed of a copper coil wrapped around an iron core. The iron core is made of a
stack of laminated sheets of silicon steel (Fe-Si 3% generally). A ring of laminated
sheets of steel is placed on the rotor in order to reduce the eddy current effect. This
ring must be as homogenous as possible in order to attenuate run-out effects.

The displacement x of the target modifies the air gap g. For the left hand side probe,
as shown in Figure 3. 2,

=8 +X 3.1

Where, g, is the nominal air gap.

Supposing the relative permeability of steel infinite, the reluctance R of the magnetic
circuit is mainly function of the air gap, thus

R=28 3.2
Where:
o u=41107Hm! the permeability of vacuum space, and

e S the active surface of one tooth of the probe.

The magnetomotive force equals the number of turn N times the current i (noted I in
the Laplace space). Thus, following the law of Hopkinson, the magnetic flux equals

The inductance L of the probe detects the total flux W embraced by it. Therefore,

_dY _dN® SN
di di 29

L 3.4
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Figure 3. 2: Electric schema of an inductive sensor
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The electrical circuit of an inductive sensor is provided in Figure 3. 2. The two probes
are arranged in an alternative Wheatstone bridge powered by the excitation E whose
frequency equals w,,. The parts including the derivate of coil inductance and its

resistance can be neglected. Thus,
2E(jw,, ) = jo, LI (jo, )+ jw, LI (jw,) 3.5

Charron [2003] presents a model with eddy currents and Durand [2002] with
parasitic capacitance. However, the parameters of these models are difficult to obtain
analytically. After some calculus, the output signal of the Wheatstone bridge is
obtained:

X 3.6

This signal is sinusoidal with amplitude proportional to displacement. Finally, as
shown by Maslen [2000], the displacement is obtained thanks to a classical
demodulation circuit. A low pass filter aims to suppress the high frequency
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oscillations introduced by the demodulation circuit (2w, ). Obviously, this low pass

filter is a limitation for the AMB system, and its cut-off frequency depends directly
on the Wheatstone bridge frequency, which is typically in the range of 10-50kHz. The
lower limit is defined by the bandwidth of the sensor and the upper limit by eddy
current effects. Therefore, the bandwidth of a well designed inductive sensor is in the
interval of 0-5kHz.

Finally, the displacement sensor model is settled from the sensitivity and the final
low pass filter, which can be also used as antialiasing filter.

Digital controller

The digital controller permits the utilization of sophisticated control algorithms. It is
composed of three parts: the analog-to-digital converter (ADC), the microprocessor
(DSP) and the digital-to-analog converter (DAC). Five measures of time are involved
in its behaviour:

e The sampling period Ts,

e The time characteristic of the mechanical system. It could be the period of the
highest frequency considered. This time should be long relative to the
sampling period.

The time necessary for signal acquisition. It is the time need by the ADC for
the conversion. The ADC samples the analog signal at the sampling
frequency, and then holds and quantifies it in a very short time. The signal is
held by using a Zero Order Hold (ZOH). This time is normally negligible
compared to the sampling period.

The computation time. It is the time used by the DSP to calculate the response

of the controller at each sampling step. The controller provides one value for
each sampling time. This time is unknown. It depends on the complexity the
control algorithm, and in all the cases must be inferior to the sampling
period.

Finally, the conversion time of the DAC. This time depends directly on the
sampling time. The DAC holds the computed value during a sampling time
by using a second ZOH.

Thus, the only fixed value is the time where the response is held. The other delays

are supposed smaller. Therefore, the DAC produces a time delay between the digital

signal Sp and the analogical one Sa, whose average equals half the sampling period.

The transfer function of this ZOH is approximated by using a first order Padé

approximation.
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11— S 1

A p® 71
Iis 1+3s

S

S, 3.7

As shown in Figure 3. 3, for a sampling frequency of 20kHz, the transfer function is
correctly approximate up to 1kHz.
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Figure 3. 3: ZOH in black and its approximation in blue (20kHz)

The sampling period must be at least twice the cut-off frequency of the antialiasing
filter as depicted by the Shannon theorem. In addition, a low sampling frequency
induces a higher time delay (ZOH). Thus, the sampling frequency must be as high as
possible, and is limited only by the quality of the ADC and the DAC and the
computation time of the DSP.

Electromagnets

The electromagnets are the basis of AMBs. They permit the conversion of electrical
energy into mechanical energy. First, a simple horseshoe electromagnet is considered
and then the active magnetic bearing is introduced.

The different elements of an electromagnet are presented in Figure 3. 4. The stator
iron core is made of laminated sheets of mild steel stacked together. Laminated
sheets enable the attenuation of eddy currents. Thus, a ring of laminated sheets is
placed on the shaft. Generally, non-oriented silicon steel is used, because it offers a
practical compromise between relative permeability, magnetic flux at saturation,
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magnetic hysteresis, electrical resistivity and cost. Finally, the coils are wound
around the iron core.

Stator i

Figure 3. 4: Components of an electromagnet

Several contributions can be found for possible models that relate the current to the
force. The models can integrate the leakage fluxes shown in Figure 3. 5. Jufer [1979]
presents a reluctance network model that takes into account slot leakages and
fringing effects. He validates the electrical behaviour of his model experimentally.
Mertens et al. [1996] show the necessity of leakage phenomena modelling. They
make use of a reluctance network, besides the Carter factor permits them to establish
a model of the fringing effect. Viorel et al. [2007] show the effectiveness of Carter
factor representation by a comparison to FEM results.

Based on our studies, for amplifiers controlled with current feedback and for
utilizations out of magnetic saturation and dynamic saturation, the model without
leakage is sufficient. Thus, a model without magnetic leakage is used in the
following.

Leakage Fluxes
Fringing effect

Figure 3. 5: Magnetic leakages
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The force applied is calculated with the reluctance network model described by
Figure 3. 6. The hypotheses are:
e The magnetic induction is uniform in each section orthogonal to the lines of
flux,
e The length of the lines of flux is defined by a middle path, and
e The lines of flux have angles that follow the iron core.

LT y 2
| O] 10 e, O,
>,
Rg T  — I R8
R R,

Figure 3. 6: Magnetic circuit

The equivalent circuit is shown in Figure 3. 6. The equivalent magnetic scalar
potential is:

®,, =2Ni 3.8

The equivalent reluctance equals:

LS+LR+2g
R =R, +R,+2R =—+—— 3.9
8

K HoS
With:
e L the average length of the magnetic flux line in the stator,
e [ the average length of the magnetic flux line in the rotor, and
e urthe relative magnetic permeability of steel.

Thus, the magnetic induction is:

G)E
B=—12 3.10
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The Maxwell stress tensor is used to calculate the force applied. The two main air gap
surfaces are considered plane and parallel. In addition, the lines of flux are
considered perpendicular to the pole surface. Therefore, the magnetizing field in the
air gap equals:

H=| 0 3.11

Then, the stress tensor is:

Wi 00
T=| 0 —iuH? 3.12
0 0 _%(UOHE

Therefore, the force applied by the two poles to the rotor equals:

F=2T S 3.13
which can be rewritten as:

41, SN??

F= 2
(%3 +2s)

3.14

Hereafter, a complete bearing is considered. The bearing is supposed to be controlled
in differential driving mode. This means that each action line is controlled with a
constant bias current and a control current, which are added in one electromagnet
and subtracted in the opposite electromagnet as shown in Figure 3. 7. Thus, the force
applied by the two electromagnets of the x action line is:

. \2 \?
F:4COS(0{)[J05N2 (IO—ZC) - (Io +lc) - 3.15
(g axen(a] (52, v el

H, r
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Where a is the angle between the action line and the line linking the rotor centre to
the pole centre. Of course, this equation is only valid for eight pole heteropolar
bearings in the configuration (NS-SN-NS-SN), and should be adjusted for other types
of bearings.

Figure 3. 7: Arrangement of the electromagnets

For nominal behaviour, the expression can be linearized using first order Taylor
series. For horizontal rotor, the static control current I, used to levitate the rotor has

to be taken into account. Thus, the current stiffness is:

2
:_16cos(a)yOSN I 516

2 0
Lo+L
i =y ;x=0 (%+2g0)

r

K -2
o

c

And, the negative stiffness (written as a mechanical stiffness) equals:

x -9
* ox

32 cos? (Q)MOSNZ o
- IT+1 ‘
- (Bt 1 2g, )3 (5+13) 3.17

e
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Finally,
F=Ki —-K x 3.18

As long as the displacements and the forces are within the nominal behaviour limits,
the linearized model is sufficient to represent the actuator behaviour.

Amplifiers

The amplifier permits the control of the electromagnet. The electromagnet can be
controlled either by the feedforward command provided by the controller, or with a
feedback control of one of these three physical quantities: the current, the coil voltage
or the magnetic flux. If there is no feedback, the amplifier is simple but not precise
because one of the particularities of the electromagnets is that it is a variable electric
load (the inductance depends on rotor position). Thus, feedback control is a much
better solution. Current feedback is the simplest one but has several disadvantages
(non-linearity, negative stiffness...). Flux feedback allows tackling almost all these
problems, the bearing becomes linear and the negative stiffness disappears at high
frequency as explained by Schweitzer and Maslen [2009]. Siegwart [1992] and Maslen
[2000] detail the different controls for electromagnets. Voltage feedback is a middle
ground solution between current and flux feedbacks for both the difficulties of
design and the obtained performances. Hereafter, only current feedbacks are
considered.

In this case, amplifiers are transconductance devices. Linear amplifiers must
be avoided because they are inefficient. Switching amplifiers give better results with
about 90% efficiency for consumed energy. Switching amplifiers supply two different
voltages (sometimes three). Thus, when the maximum voltage is applied, the coil
current increases. Respectively, with the minimum voltage the current decreases.
Therefore, switching amplifiers enable control of the coil current as described by
Figure 3. 8.

There are numerous manners to obtain a switching amplifier (Pulse-Density
Modulation, comparison with a triangle signal...). In the case of AMBs, Pulse Width
Modulation is often discussed in the literature and regroups several methods. Keith
et al. [1990] compare two bang-bang control schemas (sample/hold and hysteresis).
In the sample/hold design, at each step time the measure current is subtracted to the
request current to define the error signal. If the error is positive then the maximum
tension is supplied, otherwise it is the minimum one. The sample/hold design
exhibits high harmonic distortion and is insensitive to small signals. On the other
hand, hysteresis suffers from short-pulse susceptibility, because the switching period
is not explicitly defined. With hysteresis design, each time the error achieves the
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maximum allowed the amplifier changes its state. Finally, they present a convincing
Minimum Pulse Modulation schema as a combination of the two previous
algorithms. Thus, this schema has low harmonic distortion, no deadband and no
susceptibility to short-pulse.
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Figure 3. 8: The request current is approximated by the real current (in bold).

The amplifier produces signal distortions. The signal is sampled, thus the Nyquist
frequency must be respected and moreover, it is preferable that the switching
frequency equals at least four times the maximum frequency included in the signal.
Usually, the switching frequency equals at least the digital controller sampling
frequency. As for a DAC, the sampling leads to a delay proportional to the sampling
frequency. This frequency is not always constant e.g. for hysteresis feedback design.
In addition, the current measurement loop can add a transfer function, as the
measured current is slightly different from the real one. These distortions are
normally small. In addition, they are most of time only known by the amplifier
manufacturer. In this work, they are neglected for the compressor and the transfer
function supplied by the manufacturer is considered for the test rig.

The main limits imposed by the amplifiers appear when the actuator is considered
(i.e. amplifier plus electromagnet). The electrical circuit of the actuator is provided in
Figure 3. 9. The maximum supplied current limits the maximum force provided by
the bearing. The maximum voltage limits directly the dynamic capabilities of the
bearing. In order to assess the maximum capabilities of the actuator, some hypothesis
are considered.
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IO_ZC

Figure 3. 9: Electrical circuit of the actuators

Supposing an infinite iron relative permeability and a rotor placed at the nominal air
gap. Then the force applies by the bearing equals:

N2
potoN gy 3.19
&

Thus, the force time derivative is:

2 .
ar_ “Osi\] 41, i, 3.20
dt < dt

The resistance of the coil Ra can be neglected. And, the inductance of the coil is
written as,

2u,SN?
L= L 3.21
8o
Thus, the amplifier voltage is
i
u,=L z 3.22
dt

The amplifier voltage is a binary value and equals +U . Therefore, the combination

of the three previous equations leads to the maximum force slew rate:
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dF < 21U,
dt g

3.23
0

If the force variation requested is greater than this maximum force slew rate, then the
force variation is delayed, and a phase lag appears. Consequently, the damping of
the bearing is reduced. Moreover, Maslen et al. [1989] show that this effect is
predominant when the current increases. Therefore, this effect generates a
dissymmetry, thus the mean current decreases i.e. the bias current, and then the
actuator gain (stiffness and damping) is reduced. Bornstein [1991] expresses this
limitation as a function of the frequency, if the force can be written as the sum of a
constant force and a sinusoidal force:

F =F, +F,sin(wt) 3.24
Then, the amplitude of the dynamic force is limited:

21U,

F <
oW

3.25

Consequently, the dynamic capabilities of the actuator depend on the frequency. As
for magnetic saturation, this limitation must be considered in the bearing design
specifications, but not in the bearing model since the signal is affected with non-
linear distortions only if the requested force is beyond the dynamic capability of the
actuator.

Cables

For several reasons, the control cabinet can be placed far from the machine. Signal
acquisition cards, digital controllers and amplifiers are assembled inside the control
cabinet. Then, long electric cables are used in order to connect the bearings. Two type
of cable are used. First, power cables (high voltages and heavy currents) are used in
order to connect amplifiers to electromagnets. Second, measurement cables (low
voltages and low currents) are used in order to connect probes to the sensor card.
The problem is that high frequency signals pass through the two types of cables, due
to the amplifier commutations for the first one, and the carrier wave for the second
one. Thus, physical phenomena can appear and modify the system behaviour.
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Elder and Maslen [2008] study the effects of long cables on AMBs. They show that
the electrical capacity of the cable implies peak of current after the amplifier
switching. They show that, if the feedback of the amplifier is not adapted to
capacitive loads, the system could become unstable. They study also the transmission
of noise from power cables to sensor cables. They show that this noise can be high,
but with a carefully design sensor, there is no relevant problem. Weens [2006]
presents analytical models of cables. He validates them with finite element models
and experimental results

Measurement cables are made of two insulated conductive copper wires. A magnetic
shield is realised with a sheet of aluminium around the two wires. Finally, the whole
is covered by an insulator as shown in Figure 3. 10. The model of this cable can be
realised with a circuit of inductances L., mutual inductance Lk, capacitances Ci and Cs
(respectively between the two copper wire and between wire and aluminium) and
resistances Rac. As the currents are low, the conductances between the conductors
can be neglected. This model is sufficient, because the resonance frequency of cables
is much higher than the signal frequency. Weens [2006] presents the analytical
formula utilized to compute the parameter values of this model.

R L
Q:|_rwm_ 3
Ci J— LK
RQC Lc
R 3
1: Insulator C, —— C, ——
2: Magnetic shield 2

3: Conductor

Figure 3. 10: Electrical model of a cable

The model of this cable had been used to show that long cables do not introduce
phase lag and keep safe the linearity of the sensors. However, the sensor electronic
cards must be design carefully to match the characteristic impedance of the cable and
avoid signal reflections. So, cables are not considered in the model.

Rotor

Usually, AMB are studied in frequency domain. However, this method reduces the
possibilities for the choice of the control strategy, where only linear (or linearized)
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controller can be used. As we intend to develop new control strategies, that could be
linear or not, the model of the rotor supported by AMB has been settled in time
domain.

Time domain simulations have also the advantage to be close to
experimentation. They offer the possibility to reproduce numerically experiments
considering transient behaviour. In addition, this approach enables to plan
experiments in a reliable and efficient manner. In this study, we choose to perform
the numerical simulations under the environment Matlab®/Simulink®. Consequently,
the controller is directly implemented on the test rig by using dSpace® tools.

The modelling strategy was chosen to be as flexible as possible. The model of the
machine is settled by using “as many as needed” sub-systems. The advantage is to
separate the time or speed dependent elements from the linear one as indicated in
Figure 3. 11. The sub-systems are built either by using finite elements method or by
analytical models or even experimentally identified models. The model is developed
for lateral analysis, but could be extended to axial or torsional analysis.

The model of the rotor (shaft with disks) is realised by using Finite Element
Method (FEM) with the ROTORINSA® software. The bearings and the gyroscopic
matrix are considered as restoring forces and are taken into account in the right hand
side of the equation of motion.

Rotor
S— Coriolis Forces -«
—  Bearings Forces
A— Seals Forces <«
L Unbalance Forces
L Disturbance Forces

Figure 3. 11: System modelling

Lalanne and Ferraris [1998] detail the method used for rotor modelling. Timoshenko
beam elements are used for the shaft. Each element has two nodes and four degrees
of freedom per nodes: two displacements and two rotations as shown in Figure 3. 12.
Disks are considered rigid. They contribute only to the kinetics energy and are
responsible for the gyroscopic effects. In the following, we neglect the effects of the
coupling and those due to the acceleration of the rotating speed (Lacroix [1988]).
Thus, the dynamic behaviour of the system studied can be described by:
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MO+Co+KS+QGS=F 3.26

ext

e § the vector containing the degrees of freedom,
e M the mass matrix,

e ( the damping matrix,

e K the stiffness matrix,

e G the gyroscopic matrix,

o () the rotating speed, and

o Fext the vector of external forces.

Z
1 w,

> S

i 7z

X "y U,

Figure 3. 12: Beam Element

Lacroix [1988] and, Lalanne and Ferraris [1998] discuss the utilization of pseudo
modal method. They show that the computation time can be considerably reduced.
In addition, this method reduces the number of degrees of freedom without reducing
the precision of results. In this study, the pseudo modal method is used. It enables
the system size reduction and the utilisation of uncoupled equations. Only the first
modes are kept. The number of modes kept has to take into account modes with a
relevant contribution relatively to the mechanical energy and the ones in the
bandwidth of the controller.

Lalanne et al. [1983] and Ewins [2000] detail the pseudo modal method. In the
tirst step, the system equations are rewritten in the modal space by diagonalizing the
matrix M'K. Consequently, the natural frequencies (eigenvalues) and the mode
shapes (eigenvectors) are obtained. The rotor was considered suspended by soft
stiffness in order to avoid matrix singularity problem. These fictive stiffness are then
removed in the modal space. The reduced modal matrixes are obtained by using W,
the reduced matrix of system mode shapes.

M, =¥'MW¥
K, =¥'K¥Y 3.27
G, =V'GY
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Then, a modal damping is introduced by using a damping factor ac, which equals to
0.005, as usual for steel structure, which corresponds to an amplification factor of
100.

Cy =20 MK, 3.28

System equations are written in modal space by using g the vector of modal states.
M,ij+C,q+K,q=-QG,q+W¥'F,, 3.29

The previous equation is rewritten in its state space form (Figure 3. 13). The input
vector U describes the forces applied to the system, and the output vector Y describes
the displacements and velocities.

IR (1} P

2

X is the state vector constituted of modal displacements and velocities. A is the
matrix of the dynamic of the system. B is the input matrix. C is the output matrix.
Finally, D is the feedforward matrix, which is null in this study.

U X =AX+BU %
— > —>
Y =CX+DU

Figure 3. 13: State space equation of the free-free rotor

This sub-model, representing the rotor, is assembled with the other sub-models
(sensors, actuators, seals) to constitute the final model of the system.

Conclusions

The equations of motion are expressed in the state space form. The bearings, the seals
and the gyroscopic effects are considered as restoring forces and are taken into
account on the right hand side of the equation of motion as detailed in Figure 3. 14.
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Fex is the vector of external forces that include disturbance forces Fuisturances, unbalance
forces Fi, and seals forces Fwsas. The physical displacement 6 appears only as an input
of the AMB. The model retained for modelling each action line of the bearing is
provided in Figure 3. 15.

F Wdisturbances F Wseals P
4’(%47 Seals |«

C U | X=AX+BU Y )
Y=CX+DU
e ['r, . =[[0] QG, |v}s
F\I’AMB
F\I’b \I]tF
b
Rotor
\_ - 4 J
V7L AMB AMB |« 0 [v 0]

Figure 3. 14: Scheme: Diagram of the numerical model

Finally, a numerical solver is used in order to handle the differential equations in the
time domain. Matlab® [2011] proposes several solvers. The Adams-Bashforth-
Moulton predictor-corrector method has been chosen. It is a variable step solver that
utilizes the solution of several previous steps in order to compute the new solution.
Hence, it is not a self-starting method. Usually, Runge-Kutta algorithm is used for
the first steps.

~ Force

s Sensor _»Low Pass | | Controller La| LOW pass|| K, +
Displacements [Sensitivity filter filter

Figure 3. 15: Model of an action line

This modelling approach is flexible and enables to add other subsystems. The settled
model represents the main physical phenomena involved in the system studied.
Only the control algorithm is still missed. Different control algorithms are developed
in the following sections and are implemented successively.

This model has permitted to assess different control strategies. The strategies
and the results are discussed in the next chapters.
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The aim of this section is to present the physical limitations of the strategy used
nowadays as well as the needs and constraints for the control of turbomachinery
vibrations. The system has to satisfy the basic requirements of performance,
robustness and stability. The achievement of these requirements shall be measured
and evaluated with respect to the standards. Different cases must be considered in
order to meet the different operating conditions. This could include the unbalance
distribution, the rotating speed or specific disturbances such as the effects of
dynamic coefficients of seals for systems such as centrifugal compressors. On the
other hand, the specifications of the final users must also be taken into account. It
could concern the ease of implementation, the final tuning or the duration of the
commissioning.

Industrial requirements are dictated by international standards such as ISO
14839 [2002,2004,2006,2012]. Pugnet [2010] presents the development of the
Integrated Compressor Line (ICL) starting from the first European compressor on
AMBs. He shows that the requirements of API 617 [2002] can be extended to
machinery supported by AMBs. This standard, dedicated to compressors supported
by fluid film bearings, is also considered in this study. The first part of the chapter is
dedicated to the presentation of these standards.

The designer has to consider basic requirements and physical limitations in
order to realize a suitable controller. These elements are discussed in the second part.
Finally, the design and tuning of an augmented PID controller is presented in order
to illustrate the principle of controller tuning in industry and to point out the
limitations that motivate us to develop the new controllers.

Standards specifications

API 617

The main idea is that the unbalance responses enable to determine the acceptable
operating speeds range of the machine and are a fundamental test for the compliance
of the machine.

The evaluation of critical speeds as well as the mode shapes is a first step in
the design process of rotating machinery. The variations of the undamped critical
speeds as a function of the bearing stiffness are plot in the undamped critical speed
map as presented in Figure 4. 1. Then, the actual characteristics of the bearings are
added on this map. Hence, approximate values of the critical speeds are obtained.
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The real values of the damped critical speeds are somewhat different and this map is
only informative.
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Figure 4. 1: Undamped Critical Speed Map (Figure 1.2-2 of API 617 [2002])

Then, the damped critical speeds are studied with the complete characteristics of the
bearings. The amplitude of vibrations, the amplification factor of resonance and the
separation margin are determined as described by Figure 4. 2. These studies are
carried out for each rotor of the machine separately if flexible coupling are used,
otherwise the whole line shafting must be considered.
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Figure 4. 2: Unbalance response (Figure 1.2-1 of API 617 [2002])
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Chapter 4 - REQUIREMENTS AND LIMITATIONS

The speed range studied is from 0 to 125% of trip speed (maximum tolerated speed).
Several unbalance distributions are studied in order to assess the behaviour of each
mode as indicated in Figure 4. 3. The unbalance distributions are determined such
that they have the maximum effects on the modes included in the operating speed
range. The choice is done as a function of the mode shapes and the position of disks.
The unbalance distributions are also specified for rotor with a significant overhung
(see API 617 [2002]).

Maximum
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Figure 4. 3: Typical mode shapes and associated testing unbalances (Figure 1.2-3a of API 617 [2002])

The total unbalance uses during computations equals 4Uxr, where Uarr equals (in
g/mmy):

_ 6350m
API N

MCS

u 4.1
Where:

e m is the mass of the rotor (in kg), and

e N, is the Maximum operating Continuous Speed (in rpm).

Thus, each mode contribution is highlighted by a particular unbalance distribution.
Then, an Amplification Factor (AF) and its related Separation Margin (SM) are
determined for each mode (see API 617 [2002]).

AF=—F¢— 4.2
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Chapter 4 - REQUIREMENTS AND LIMITATIONS

If, the AF is less than 2.5 at a particular critical speed, the response is considered
critically damped and no separation margin is required. In addition, the critical
speed can be included in the operating speed range.

For each unbalance distribution, a Correction Factor (CF) is applied to obtain a
maximum peak-peak displacement at the probes location that equals:

A =05 12000

4.3
MCS

The CF must be greater than 0.5, and the rotor displacement must be checked for
each clearance (auxiliary bearing, seals...). At any speed from 0 to 125% of trip speed,
the calculated vibrations must be less than 75% of the considered clearances.

These computational results must be verified experimentally. The responses due to
test unbalances are assessed as follows. The vibrations are measured for a coastdown
with convenient decrement of speed. The synchronous response is measured for
residual unbalance and mechanical and electrical run-out. Then, the responses are
measured for test unbalances. The data from the two types of response shall be
vectorially subtracted in order to access to the contribution of the test unbalances.
The numerical model is acceptable if it satisfies the two following conditions:

e The errors are less than 5% for the critical speed values, and

e The amplitudes measured do not exceed the predicted values using the worst

computational case (oil temperature...).

In addition, the maximum measured displacement must not exceed the value of
equation (4.3).

Finally, an analysis is carried out in order to verify the stability of the first vibration
mode, because it is the mode most likely to be unstable. This study is separated into
two levels. If the level 1 criteria are not fulfilled then level 2 must be performed. The
level 1 uses a simplified model of the system that is more stringent than reality. For
the level 2 the models of all components are precisely defined according the worst
operating conditions (oil temperature, manufacturing tolerances,...). Then, the log
decrement of the first mode is computed and must be greater than 0.1. If after all the
design efforts, the log decrement is less, a mutual agreement must be found between
vendor and purchaser.

It is clear that some elements are not well adapted to magnetic bearings:
e The limit of vibration amplitude is very restrictive. This value is adapted to
AMBs in the annexe 4F of API 617 [2002], which uses the values given by
ISO 14839 [2004].

46
Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés
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e The AMB characteristics do not depend on operating conditions, thus the error
margin on vibration amplitudes is almost nil.

e The stability analysis is not adapted to AMBs, because the level 1 is largely
based on field experience with compressors supported by classic bearings.

ISO 14839

ISO 14839 is divided into four parts which describes AMBs, their utilisation and the
assessment of a rotor supported by AMB:s.

The part 1 of ISO 14839 [2002] defines the vocabulary. For example, three
classes of operation are defined for amplifiers. The differential driving mode used in
this thesis can be classed A if the bias current equals half the maximum current, or B
if less. In all our study, class B was used.

The part 2 of ISO 14839 [2004] considers amplitudes of vibration. The main
idea is that a well designed machine should have a minimum clearance at auxiliary
bearing locations. In addition, the global vibrations (unbalance plus other excitations)
shall not exceed 30% of the auxiliary bearing clearance.

The part 3 of ISO 14839 [2006] deals with system robustness. The stability of a
system is its ability to come back to its equilibrium state after an excitation. It is a
required condition to operate. However, the robustness is as important, particularly
for turbomachinery. The robustness enables to keep the stability over a range of
modification of the system. These modifications can be large, even for normal
behaviour: gyroscopic effects, seals coefficients... contribute to the characteristics of
the system.

The robustness is assessed through the stability margin. The range of frequency
studied should be up to the maximum between 2kHz and 3 times the MCS.

Displacement
Rotor

- V2

FAMB

A

<
<

GAMB V1 +

Figure 4. 4: Robustness assessment

The system can be evaluated through the unique diagnostic capabilities offered by
AMBs as presented in Figure 4. 4. An excitation signal E permits the measurements
of system properties with a simple signal analyser. The open loop transfer function
equals:
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G,=—-2=G,, G 4.4

The closed loop transfer function is deduced using Black’s formula,

S AR is
c .
E 1+GRotorGAMB

The closed loop transfer function can be used to evaluate the stability of each mode
with an AF. In addition, this transfer function permits the assessment of the effect of
the measurement noise (produced by the sensor) on the system. However, the most
important transfer function is the sensitivity, which allows the evaluation of the
stability margin.

V
Gy=—= 1 4.6
E ]' + GRotorGAMB

Usually, the stability margin are defined by the gain margin K« and the phase margin
¢n. The modulus margin is a more stringent criterion because it guarantees a
minimum value for the two other criteria as revealed by Figure 4. 5. It can be
demonstrated that the modulus margin equals the inverse of the maximum gain Ms
of the sensitivity transfer function. Hence, the measurement of sensitivity transfer
function enables the assessment of robustness. Consequently, and according to the
standard, for new commissioned machine the maximum peak of sensitivity must be
less than 3.

tm(G,)

Figure 4. 5: Nyquist plot of the open loop transfer function
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This procedure makes it possible to analyze the direct sensitivity functions of the
system as if it was composed of uncoupled SISO systems. Nevertheless, a rotor
supported by AMBs is a MIMO system. Thus, cross sensitivity functions can be
measured, but they are generally useless, and the systematic measurement of the
cross sensitivity functions is not required.

The part 4 of ISO 14839 [2012] deals with technical guidelines. This part is focused on
the particular characteristics of AMBs. It enables to understand the modifications
necessary in order to move on AMB technology. AMBs are compared with other type

of bearings. The commissioning and the maintenance of machines equipped with
AMBs are discussed.

Conclusions

API 617 should be used to evaluate the system stability and performances through
unbalance responses. ISO 14839 should be used to assess the robustness of the system
and its vibrations by using the amplitude of displacement. Neither of them is fully
adapted to oil and gas compressor supported by AMBs. In this thesis, the following
requirements are taken into account:

e The displacement due to unbalance response should satisfy the requirement of
API 617 for hydrodynamic bearings (chosen at 25umpp for confidentiality
reason as this value depends on the rotating speed).

e The amplification factor calculated with the unbalance response should be
under 2.5.

e The total displacement should satisfy ISO 14839 (60umpp for the test rig).

e The maximum of the sensitivity function gain should be under 3.

The different displacement limits for the studied compressor are summarized in
Figure 4. 6.

API 617 gives practical guidelines for the design of compressor but is not adapted to
compressor supported by AMBs. The criteria are too conservative. In addition, the
stability analysis is not appropriate. As the level 1 analysis is essentially based on
lessons learned from hydrodynamic bearings, it seems that a level 2 analysis is
always necessary. All of the modes included in the bandwidth of frequency must be
assessed and the level of requirement may be defined and adapted to each of them.

API 617 is convenient for vibration assessment of axial and centrifugal
compressors. Indeed, there is a global requirement for the maximum tolerated
displacement, but also criteria for displacements resulting from different kind of
excitations. Thus, the maximum unfiltered displacement must be less than the value
obtained with equation (4.3) or 25um, whichever is less. Then, the displacement due
to unbalance vibration must be less than the value obtained with equation (4.3).
Finally, any non-synchronous displacement with a given frequency must have a
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displacement less than 20% of the value obtained with equation (4.3) or 6.5um,
whichever is greater. These kind of requirements are missing in ISO 14 839, whereas
they would be useful since the lower stiffness of AMBs leads to more non-
synchronous vibrations.

ISO 14839 is adapted to AMBs but not to compressor. The requirements are
appropriate to experimental assessment but not to numerical one. There is no
requirement for the wunbalance response, the margins between maximum
displacements and machine clearances or the validation of numerical predictions.

Figure 4. 6: Limits of accepted displacements for the compressor studied

Based on our understanding of the two systems that are centrifugal compressor and
AMB, we attempted to highlight the weaknesses and to make some propositions.
Neither API 617 nor ISO 14839 takes into account that unlike rotor supported by
hydrodynamic bearing the asynchronous vibrations are not negligible relatively to
synchronous one for rotor equipped with AMBs. Thus, there is no clear requirement
for the amplitude of displacement due to synchronous vibrations. Thus, we think
that the assessment of compressor supported by AMBs should be based on API 617
while considering several adjustments.

The unbalance response assessment should be considered without any
additional filters (synchronous filters) but the AF limit to consider a mode critically
damped should be revised. There are at least four reasons to require a small AF.

e AFs permit a measurement of machine sensitivity to change of unbalance. The
unbalance distribution could change due to wear, deposits or corrosion.
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Small AFs ensure that the machine response is not sensitive to this kind of
modification.

e A small AF enables to observe progressively the apparition of the critical
speed vibrations during run up and avoid sudden change in vibration
amplitude.

e AF measures the system capacity to dissipate energy.

e Errors on computed damping or modifications of damping have less effect on
the response. Considering a same relative error in percent on damping
value, the effect is as high as the AF is high.

Nevertheless, an AF of 2.5 seems too low, not because it is not achievable but because
it impedes the general optimization of bearing performances e.g in our case the
improvement of subsynchronous behaviour is precluded.

e Thus, a value between 2.5 and 3.5 would be more suitable.

e The limit of displacement given by API 617 for unbalance response on classical
bearings should be requested only for synchronous displacement with all
the filters activated.

e The stability margin should be assessed as required by ISO 14839-3.

e A value should be advised for taking into account internal damping of the
rotor in numerical computation in order to assess the severity of resonances.
The amplification factor of each mode included in the controller bandwidth
should be assessed and a minimum value required with a distinction
between modes included in the operating speed range and the other one.

Finally, most of time, the main controller is not sufficient to obtain acceptable
unbalance responses. Thus, the specifications are achieved by using general notch
filters. Neither of these two standards has a clear position on this topic. There is at
least a need of specification considering that these filters affect the sensitivity
function.

Basics for controller design

Before considering any design strategy there are a few physical properties that have
to be considered. The system must be stable and robust with acceptable
performances. The controller must take into account the architecture of the machine,
the technical limitations and the physical limitations.

Performances The performances are mainly dictated by the international
standards and the final users. The main issue is the reduction of the
vibrations. Generally, the performances can be improved by
increasing the gain of the controller.
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Stability The AMBs are naturally unstable. Two elements permit to
stabilize the system. First, the stiffness obtained from controller must
at least counteract the negative stiffness of bearings and seals. Second,
the controller must increase the damping of all the vibration modes
included in its bandwidth of frequencies.

Robustness It is a property of turbomachines to have different characteristics
as a function of operating conditions. The natural frequencies depend
upon rotational speed (gyroscopic effects) and industrial process
(seals dynamic coefficients)... The controller must be adapted to an
infinity of systems, due to operating conditions and the unavoidable
uncertainties of these conditions. The robustness is obtained by a
limited gain of the controller and a limited controller bandwidth of
frequency, i.e.: the controller gain tends to zero at high frequencies.

System architecture

In most AMBs systems, the position sensors cannot be collocated with the actuators.
The main hindrance of non-collocation is the fact that there is always at least one
vibration node between sensor and actuator as shown in Figure 4. 7. Thus, the force
applied must be 180° out of phase with the signal provided by the sensor.

5 il

Figure 4. 7: Non-collocation issue

Several studies have shown that a self-sensing bearing is possible e.g. Schweitzer and
Maslen [2009]. Nevertheless, there are still some limitations, for example, the
measured displacement is less precise (or more affected by noise) and the magnetic
saturation must be avoided. Thus, the force capabilities of bearing are reduced.

Either for a collocated or non-collocated system, the position of sensors and actuators
must be appropriately considered. The vibration nodes of the free-free modes
included in the operating speed range should be as far as possible from the sensors
and the actuators, and these nodes should never be between a sensor and its related
actuator. On the other hand, for higher frequency modes a node between sensor and
actuator leads to an easier tuning of the controller.
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Technical limitations

The energy of control forces is physically limited. This property is represented by a
low pass filter, which limits the bandwidth of actuators. Moreover, the sampling
frequency limits the bandwidth of numerical controllers. An analog low pass filter is
used, with a cut-off frequency below the Nyquist frequency, to avoid spectral
aliasing.

The DAC introduces a delay (or phase lag) proportional to the sampling time.
Consequently, the damping of the bearing is attenuated. Thus, the sampling
frequency must be as high as possible (usually between 10-20kHz). However, the DSP
must be able to compute the response of the controller between two samplings.
Therefore, the controller algorithm should be adapted to real time computation.

The limits of the bearing dynamic capabilities can be reached (see amplifiers in
Chapter 3). In this case, the control is sometimes impossible. This event arrives
particularly for high rotational speeds, when a flexible mode is crossed. The
unbalance control forces lead to amplifier saturation.

Considering a bearing designed with a classical approach (geometry and materials),
the other technical limitations are almost negligible and verification tests at the end
of the design process are normally sufficient.

The Bode’s theorem

According Bode’s definition (1945), minimum-phase systems have all their poles and
zeros in the left half s-plane. For these systems, there is a direct relationship between
the phase and the gain i.e. the phase can be completely determined from the gain
curve. This relation can be summed up by the fact that the phase is almost
proportional to the slope of the gain curve in the Bode diagram.

In most AMB systems, the controller is a minimum-phase system, because this
induces a minimum delay between measurement and action. Then, the system is
easier to control. Thus, in order to obtain damping the gain of controller must
necessarily increase (versus frequency) and reciprocally, a reduction of gain implies a
negative damping for a given frequency range.

Augmented PID controller

The general architecture of the system is presented in Figure 4. 8. The augmented
PID or hand-synthesis controller is still the more widespread controller in industry. It
permits designers to master the control process. However, the control of flexible
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rotors remains difficult due to unavoidable spillover effects. This problem is
currently overcome by using phase lag and phase lead filters. Tuning these
controllers is difficult and time consuming. Gahler [1998] explains the general
approach to design the controller of a flexible rotor.

In this section, we have attempted to summarize the process for augmented
PID synthesis. First, the assumptions are detailed. Then, the process is depicted and
finally the limitations are highlighted. It was considered as the starting point for the
strategy developed

K 5 F s Rotor 1 6 R Acquisiti?n
) Low pass filter
A -
K, |e
A 4
DAC Low pass Lead-lag PID
Low pass filter | filter | | filters

Controller — Augmented PID

Figure 4. 8: Detail of the feedback loop transfer functions

Basics of PID

A physical PID controller is strictly proper. It is composed of three parts that can be
written:

_ K LK sK,
1+ s (1+7,5)(1+79)

G(s)

4.7

The proportional gain Kr is equivalent to the stiffness. It permits to maintain the
rotor. If this parameter were high, then the disturbances would need more energy in
order to produce large vibrations.

The integral gain Ki enables to keep the rotor centred in the bearing. This
function is exclusive to AMBs and, is necessary because the lower stiffness of AMBs
typically allows higher displacements. Thus, there is always an optimum clearance
between rotor and stator, which avoids rotor-stator contact. In addition, for heavy
industrial rotor, considering only the bearing stiffness the deflection due to the rotor
weight would be almost equal to auxiliary bearing clearance. If this parameter were
increased, the rotor would go faster to its centred position, but also with more kinetic
energy. Thus, a high integrator gain leads to a loss of stability.
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The derivative gain Ko permits to bring damping to the system. With this
element, the bearing dissipates the vibration energy of the system. High damping is
necessary to dissipate quickly the energy.

Finally, proportional and derivative terms are not strictly proper alone and
consequently cannot be realize in a real physical system. Thus, they are always
associated with a low pass filter. Consequently, theirs effects are limited to a defined
frequency range.

Usually, an “augmented decentralized SISO PID controller” is used. First, the
vocabulary used must be clarified. The PID controller is very common and applies in
a wide range of industrial applications. It is composed of three elements Proportional
Integral and Derivative that respectively enable a quick response with a nil error on
the setting value and stable operation.

SISO or Single Input Single Output is relative to the arrangement where each
controller makes use of only one sensor displacement in order to compute the force
applied by one actuator. As a complete AMB system possesses five actuators, five
independent controllers are need. This is opposed to a MIMO (Multiple Inputs
Multiple Outputs) system where several sensors are used in order to compute the
force applied by several actuators.

A decentralized controller assumes that there are multiple independent
controllers, which do not share information when making control decisions.
Decentralized control is more efficient with decentralized structures i.e. when the
structure can be decomposed in subsystems.

The PID alone is too poor to control a complex system such as a structure with
a high modal density. Thus, several filters are added to obtain the desired behaviour.
These filters are mainly first order lead or lag filters or second order lead-lag filters.
These filters permit to master the phase of the controller, which is very important as
explained in the next sections. In this case, the controller is named augmented PID.

PID synthesis

Remark: in this section, for more simplicity the phase and the gain of the controller
are confused with the ones of the action line transfer function (sensor, controller,
actuator,...). In reality, it is this second one that should be considered

Considering a classic bearing (ball, fluid film...) the characteristics of damping C and
stiffness K can be computed from several parameters which can be tuned (oil
viscosity...). Thus, the global action of the bearing can be written:

F=-Kx-Cx 4.8
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This force can be written in the Laplace domain:
F(o)=-[K(w)+joC(o)]X 4.9

The bearing characteristics are a transfer function with displacement as input. These
properties can be either frequency dependent as for AMBs or speed dependent as for
lubricated bearings or even both.

Stiffness and damping are not explicitly chosen during controller synthesis. In
Figure 4. 9, the relation between the stiffness and damping and imaginary and real
parts of controller transfer function are shown. Moreover, the relation to controller
gain and phase are shown. It is more convenient to design a transfer function with
gain and phase than with damping and stiffness. Thus, considering the design
process, it can be noted that for a given gain the phase determines completely the
proportion of damping and stiffness. Consequently, the requirements regarding the
phase are much more important than those on amplitude:

e A phase nil imply a pure stiffness,

e A phase of 90° imply a pure damping,

e A phase from 90° to 360° imply negative damping or stiffness or both, and

e A phase from 0° to 90° is suitable for bearings and ensures stiffness and

damping.

Imag(G ,; (jw ))“

/73] Ol Hiaei i ;
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Figure 4. 9: Relation between transfer function and stiffness and damping

Notice that for the configuration with a node between sensor and actuator the
controller must have a phase between 180° and 360° for the vibration mode
considered to ensure at least damping. Since, it is related to high frequency modes
with a high structural stiffness.

Nevertheless, the stiffness that enables an acceptable behaviour can be determined at
the first stage of the controller design process as indicated in Figure 4. 10. Schweitzer
and Maslen [2009] explain that stiffness value must be chosen in the range where the
variation of the stiffness leads to a significant change for the critical speed included
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in the operating speed range. The final effective stiffness is chosen in this range since
this value enables significant action on the system strain energy and damping.
Higher stiffness would produce vibration modes with nodes close from the bearing
location. Consequently, the vibrations would be not observable and then not
controllable.

Frequency

Stiffness (logarithmic scale)

Figure 4. 10: Critical Speed Map

Once the proportional gain of the PID is tuned, the other part can be chosen. On the
operating speed range, the controller must generated damping. The damping gain is
increased until the phase of the controller is near to 90° for the modes included in the
operating speed range. At very low frequencies, the integral gain leads to negative
phase, but as there is no vibration modes this negative damping is not important.
Generally, the integral gain is increased until instability appears then it is reduced
according to a correction factor. The instability is due to the negative damping that
grows until achieve the frequency of the first rigid body mode.

This controller could be sufficient for a rigid rotor, but in order to ensure
robustness the increase of gain due to derivative part must be limited. A low positive
phase enables to obtain damping and to avoid high gain at high frequency. Thus, the
phase on the operating speed range is reduced by using a first order lag filter applied
on the range of the natural frequencies included in it (typically 50-150Hz).

If the damping induced is not sufficient to reach unbalance response
specifications, a second order lead-lag compensator can be used to add damping on a
narrow range of frequency e.g. to pass through a flexible critical speed.

The high frequency mode should be either controlled with damping or not
influenced. Thus, a low pass filter is used to cut-off the controller gain. This produces
a negative damping for a given range of frequency.

Only filters with complex poles enable a modification of the phase on a
narrow range of frequency. However, this property is linked to a Q-factor. In Figure
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4. 11 the relation between phase lag and Q-factor is presented for a second order
filter. The phase transition is as fast as the Q-factor is high.

When using a low pass filter, a phase rotation greater than 180° is necessary
between two consecutive modes in order to ensure the system stability (high
frequency modes needs only damping since the structural stiffness is high). The
modes are relatively close, thus an important Q-factor is unavoidable. Obviously, this
high gain, even local, reduces the system robustness. Therefore, the phase rotation
must be displayed on the wider band of frequencies possible.

Bode Diagram

______

Gain

107 Frequency (Hz)

Figure 4. 11: Relation between Q-factor and phase transition

If a mode has a node between sensor and actuator, it is easier to make rotate the
phase from positive values to values below -180°. Generally, the rotation must be
realized for the lowest frequency, because the vibration modes are closer when the
frequency increases (in the useful logarithmic scale).

The Campbell diagram enables to forecast the natural frequencies of the
system, not only at rest but also for the complete range of rotational speeds used. A
security margin on the computed frequencies can also be taken into account in order
to anticipate modelling errors.

Previously, the requirements on the phase value for the system resonant frequencies
have been detailed. By using both (Campbell diagram and phase requirements), it is
possible to define a path of phase in the AMB Bode diagram (controller plus sensor
and actuator). An example of this path is presented in Figure 4. 12. The dark green
zones should be crossed from left to right sides. The light green zones are suitable for
the mode stability but could be unsatisfying considering the whole system stability.
For example, the zone inside the operating speed range induces a high frequency
gain too high in order to obtain a robust controller.

It is worth mentioning that there is not always a mode with a node between
sensor and actuator in the controller bandwidth of frequency. In this case, the design
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Chapter 4 - REQUIREMENTS AND LIMITATIONS

is more difficult and often a structural damping must be introduced in the model in
order to find a solution. The controller could slightly disturb one or two successive
modes without destabilizing them.

2nd bending mode

A
901
0 >
10 100 000
go v Operating Speeds Frequency (Hz)
3 15
< &
- 5
-1801_
B Phase should be here
[JPhase could be here
-270
Figure 4. 12: Controller phase
Summary

The objectives of performance, stability and robustness are often conflicting, and the
designer has the responsibility to manage each of them to reach the suitable trade-off.

Robustness and performance are directly opposed (performances imply a high
gain and robustness a low one). A high stiffness at low frequencies permits to obtain
good performances (low vibrations). The rotor is constrained then large forces are
necessary to make vibrate it.

A low gain at high frequencies enables to have small effects on high
frequencies modes and to ensure system robustness. Moreover, on the frequency
bandwidth of the controller, it is preferable to have a moderate gain for modes out of
the operating speed range. Even if it is not the target, the controller provides mainly
stiffness on these modes. The maximum gain must be low enough to avoid effects on
frequency of flexible modes. Indeed, the flexible modes included in the controller
frequency range but out of the operating speed range must be stabilized. This can be
realized only with damping on a narrow range of frequency. If the gain of controller
is high, the strain energy introduced by the bearing modifies the mode frequency.
Thus, it becomes very difficult to find a solution to the control problem.
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The stability of the rotor on the operating speed range requires a high
damping. Hence, according to the Bode’s theorem, the stability implies a high
increase of gain on this range of frequencies.

Consequently, the ideal controller should have a high gain at low frequency
for performances, an increase of gain from low frequency to high frequency for
stability and finally a low gain at high frequency for robustness. As this controller
does not exist, the real controller must be designed carefully.

The gain at low frequency must be the smallest that compensates the negative
stiffness and stabilizes the rigid body modes with an acceptable level of performance.
The damping must be applied appropriately, only where it is necessary to ensure
damping on each mode i.e. on narrow ranges of frequencies. Thus, the controller
gain is not too high in high frequencies, and a good robustness is obtained. Finally,
the gain must be cut-off while avoiding undesirable high Q-factor.

For a rotor supported by AMBs, the general gain of the controller can be used to tune
the controller as shown in Figure 4. 13. This figure is extracted from the study of
compressors (Chapter 8). When this gain becomes small, the bearing stiffness is not
sufficient to compensate the bearing negative stiffness and the maximum peak of the
sensitivity function increase to indicate a lack of robustness. When the controller gain
increases the system performance are improved, but when the gain is too high, the
system changes (the natural frequency are different). Thus, the controller is no longer
suitable and the maximum peak of sensitivity increases. Consequently, there is a
specific gain that optimizes the robustness of the system. As this gain is rarely
sufficient from a performance point of view, the gain is increased until the sensitivity
reaches the limit value required by international standards.
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Figure 4. 13: Trade-off between robustness and performance

Finally, the difficulties to cut-off the controller gain at high frequencies influence
directly the performances of the controller. Indeed, if the gain can be cut-off only
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with a high Q-factor, the gain of the controller should be reduced according to the
robustness requirements and consequently poor performances are expected. The
issues of the gain curve are summarized in Figure 4. 14.

A

G ! Gain Max. = Stability + Robustness

Slope = Phase\> Damping
Gain Min. = Min. Stiffness

[
»

Frequency

Figure 4. 14: Impact of the gain evolution on the system

Conclusions

The study of PID controllers enabled to emphasize the advantages and
disadvantages of this control strategy. The three main advantages are first the power
of the tools used for the analysis (common to all linear SISO controllers). Second, the
controller is easily implemented in a simple DSP. Finally, the frequency domain
permits to tune the stiffness and the damping for each vibration modes.

The disadvantages are first the influence of high frequency characteristics of
the rotor on the performances of the controller. Second, the stiffness on the
cylindrical mode seems low relative to the specifications. Finally, the damping of
flexible modes is low compare to what might be expected of an active system.

The design of the controller could be enhanced by using a systematic approach.
However, the performances issue would be not solved. We see four solutions in
order to tackle these problems.

MIMO control: by using several sensors and actuators in the same way,
improvements are expected. The more promising is modal control, but it requires at
least observers or additional hardware. The other solutions using the action lines of
two bearings in the same direction, as mixed PID, can lead to optimization of
performances and robustness but the gain is mitigated. We have chosen to use each
bearing as one entity by coupling their two axes.

Non-linear control: they give more possibilities for the design and the tuning.

Observers: they take into account a model of the structure in order to improve
the system behaviour. The controller obtains information that it cannot measured.
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The objective is to anticipate the dynamic behaviour of the system in order to apply
corrective forces as soon as possible.

Hardware: the utilisation of additional hardware (sensors or/and actuators)
could enable modal control. This solution needs additional place on the rotor, which
could be difficult to obtain.

The approach develop considers only the two first elements. The last two could be
included in the perspectives of this study.
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The aim of this section is to present the selected control strategy as well as the
improvement expected by using this one. The method developed permits to gain
performance margins that could not be obtained with a linear SISO controller. The
choices made to utilize these margins in order to enhance the system are detailed.
Other possibilities are discussed in the Chapter 9.

In order to satisfy all the specifications, fuzzy based control strategies are
developed and assessed. Even if nowadays, fuzzy logic is well known in the field of
control, the particularity is that the selected strategy makes use of physical quantities
that are not usual which are radial displacement and velocity or tangential velocity.
These “polar quantities” are obtained through a usual Cartesian to polar coordinates
transformation. The first part of this chapter is dedicated to the illustration of polar
quantities advantages for the control, and even for the observation, of rotating
machinery.

Before presenting the developed strategy, the design and tuning of an SISO
PID fuzzy controller is presented in order to illustrate the principle of fuzzy logic;
and to point out the limitations that motivate us to develop the new controllers in
polar coordinates.

Polar Quantities

Usually, the displacement (a measurable quantity) is used. For each bearing, two
sensors placed in a plane along two perpendicular axes permit to estimate the rotor
position and vibration. The phenomena could be studied by processing the
measurements either in time or frequency domains. Frequency analyses give precise
and useful information on the system, but are not suitable for real time control. These
analyses are based on a window of time. Consequently, there would be an important
delay between measurement and action. Frequency analyses could be used for
updating the controllers’” parameters but not directly as inputs of the controllers.

Also, and for control purposes, time domain inputs stemming from the
sensors are used. In the case of rotating machinery, we believe that the observation
(and the actuating) of these phenomena in polar coordinates will provide a
supplementary interesting way for analysis and control.
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Chapter 5 - POLAR FUZZY CONTROLLER DESIGN

Cartesian to polar transformation

The controller was developed in the polar coordinate system presented in Figure 5. 1,
but measurements and actuating are realized in the Cartesian coordinate system.
Hence, two transformations are necessary, first from Cartesian displacements to
polar displacements and velocities and, second from polar forces to Cartesian forces.

A

y é,
Yl ' r
‘M
A |
e |
y |
ol e x X

Figure 5. 1: Transformation of coordinates

Let us consider a point M on the plane. The Cartesian coordinates of M can be
measured with sensors and are written in (5.1). In the same coordinate system, the
velocity of M can be compute from its positions, and is expressed by (5.2).

Wz(szxéﬁyéy 5.1
Yy
dx
i\ (1
dt dy Y
dt

On the other hand, the polar coordinates of M are described by (5.3), and the velocity
by (5.4).

OM = (;j =re, 5.3
dOM (7| . ..
—=| . |=T7e +rbe, 5.4
dt ro
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Chapter 5 - POLAR FUZZY CONTROLLER DESIGN

The transformation from Cartesian to polar coordinates can be realized as indicated
in (5.5), and the reverse transformation as shown in (5.6). Therefore, the two
displacement sensors of each bearing are sufficient in order to establish the controller
in polar coordinates.

r=yx+y’

’canﬁ?:z
X

5.5

{Fx =F cosO—F,sin0
5.6

F =F sin0+F, cos0

Observation

AMBs are normally symmetric bearings. With this property, the trajectory of the
rotor inside the bearing is almost circular. This is due to the fact that the unbalance
distribution is the main excitation applied on the rotor, and the others are normally
considered negligible or as an ambient noise. In this case, a constant radius, a
constant tangential velocity and a nil radial velocity define the orbital properties of
the rotor. These quantities describe closely the dynamic behaviour of the system, and
lead to a better interpretation of the information by the controllers. They enable the
controller to distinguish between a disturbance produced by an unbalance
(permanent), and that stemming from a radial disturbance (transient). The following
simulations illustrate these two configurations:

Let us consider a rotor running at a constant speed of 6,000rpm:
e In the case of circular orbit (observed in polar coordinates), the radial
displacement is constant and tangential velocity is constant, while the radial
velocity is nil as shown in Figure 5. 2.

1 0_501‘b1t <105 Polar 102 Polar
= 2 1
1 __Le = 0.6
- S E
8 0 = 1.2 - 0.2
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'1 o] Q
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-2 0 > -1
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Figure 5. 2: Positions and velocities with a circular orbit

e In the case of elliptical orbit due to the system dissymmetry, radial velocity
and position as well as tangential velocity have a harmonic variation that
corresponds to the second harmonic of the rotating speed as indicated in
Figure 5. 3. This phenomenon is not visible to a SISO controller. Therefore,
this controller is unable to apply correcting forces in order to drive the rotor
to a circular orbit.
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Figure 5. 3: Displacements and velocities with an elliptical orbit

e In the case of low frequency excitation (or impact), the effects can be seen with
the presence of excitations close to the first harmonic of the rotating speed as
revealed by Figure 5. 4.
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Figure 5. 4: Displacements and velocitiess with a low frequency excitation

For human beings, it is easier to interpret the trajectory in a “Lissajous graph”. In this
case, the dynamic behaviour is understandable, but this graph is difficult to handle
for a digital controller. Even if these different behaviours are visible (or can be
deduced) in Cartesian domain, theirs effects are emphasized in polar domain.

It is worth mentioning that the polar coordinates have an effect on the
frequencies. A synchronous vibration appears at nil frequency, subsynchronous at a
frequency that equals the rotating frequency minus the subsynchronous frequency
and dissymmetry at twice the synchronous frequency.

Finally, polar quantities are well adapted to fuzzy logic control, since
instantaneous values characterize the system behaviour.

Actuating

Polar coordinates have also advantages in order to apply control forces. This
property is illustrated through the comparison of the damping used for unbalance
control. The vibrations due to unbalance distribution can be attenuated by applying
damping forces. As the trajectory is known (a circle), there are different manners to
apply damping forces. Three different possibilities are described by Figure 5. 5.
e A/ Direct damping: The velocities are obtained from the derivates of
displacements. Then, damping forces are obtained by multiplying the
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velocities by a damping coefficient. In the following, it is considered as the
reference case.

e B/ Geometric damping (or cross stiffness): Damping force is a force that
anticipates the trajectory of the system. It is applied 90° out of phase of the
measured displacement. It can be noticed that for a circular trajectory the
velocity along one direction is proportional to the displacement along the
perpendicular direction. Consequently, cross stiffness are equivalent to
damping forces.

C/ Tangential damping: Due to conversions of coordinate, the force applied in

each direction (x and y), is a function of the two displacements.

_ . r
AlX % »-CH—> B/ X K—
AN :-C—»Fy L K| Fy,
dt
C/x E,
Cartesian| Vr C Polar / _F'
Y | /Polar Cartesian|— ¥,

Figure 5. 5: Three different damping circuits

These three methods are compared for the case study presented in Figure 5. 6. The
study is carried out with a speed relatively high (12,000rpm), since the disadvantages
of cross stiffness and tangential damping increase with the rotating speed.
Uncorrelated random noise is added to each measured displacement in order to
assess the capacity of each method to apply targeted forces.
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Figure 5. 6: Studied cases
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Direct damping is the more stable. It is essential for the system, since damping is
provided to every vibration without hypothesis on the trajectory. It is not affected by
low frequency disturbances. However, it amplifies the noise produced by the sensor.
Usually, the direct damping is optimized and cannot be increased for robustness
reasons. Thus, other methods must be found in order to apply additional
synchronous damping.

Geometrical damping is not very sensitive to noise. Nevertheless, as the gain
is not directly a function of the rotating speed, the resulting damping varies
substantially over the speed range (high damping for low speed and vice versa).
Moreover, it stabilizes only one of the two precessions (forward or backward) and
destabilizes the other one. Hence, the cross stiffness has a limited gain, since it can
reduce the performance and the stability to low frequency excitations.

Tangential damping is suitable for all speeds and for the two precessions. It is
not affected by measurement noise. As expected, by using two sensors, the
disturbance signal is attenuated by almost -3dB compared to geometrical damping as
revealed by Figure 5. 7. In addition, the same trends are obtained by applying the
same noise on the two axes (x and y). Therefore, tangential damping permits to
increase the gain of the controller by 3dB. Nevertheless, it is affected by low
frequency disturbances. In addition, tangential damping adapts its own gain as a
function of the rotational speed. Hence, the sensitivity to low frequency disturbances
increases with the rotational speed. Thus, tangential damping should be tuned
accordingly to the maximum rotational speed of the machine.
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Figure 5. 7: Comparison of noise sensitivity

The main concern with cross stiffness is the disturbance of the backward cylindrical
rigid body mode. As cross stiffness and tangential damping have the same trends in
the low frequency range, the effects of the three methods on subsynchronous
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backward modes are assessed. The direct damping is considered as the reference
case. For this study, the trajectory of a rotor running at 12,000rpm is considered. The
rotor is supposed to have a cylindrical backward mode at 60Hz, for this rotating
speed. The amplitude of the synchronous vibration is 20umpp, and the one of
asynchronous backward vibration equals 10umpp. The FFTs of the force signals
enable to compute the damping value (from the amplitude) and its sign (from the
phase) for each method as summarized in Table 5. 1.

Method Subsynchronous Synchronous
damping damping
Direct damping (ref.) 1 1
Cross stiffness -3.33 1
Tangential damping -1.58 0.88

Table 5. 1: Normalized damping

Considering this particular case, the destabilizing effect of cross stiffness is twice
more important than the one obtained with tangential damping. This implies that
cross stiffness must have a limited gain.
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Figure 5. 8: Damping concentration toward the main contributor mode

In the following, the effects of the subsynchronous backward vibration amplitude on
the bearing properties are assessed. Based on the previous example, the amplitude of
the backward vibration is tested in the range of 0-100umpp. For each amplitude, the
synchronous and the subsynchronous damping values are computed. Then, the
global damping that is the sum of tangential and direct is plotted.

Tangential damping produces particular effects when two important
disturbances coexist. This behaviour results from the fact that the calculation of
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tangential damping is valid when the orbit is circular but not for an unknown
trajectory. Thus, the synchronous damping is attenuated when the subsynchronous
vibration increases, as shown in Figure 5. 8. The subsynchronous damping is
negative for low subsynchronous vibrations, and it increases progressively, until
becomes positive for high subsynchronous vibrations. This means that the tangential
damping is efficient only where there is a prevalent vibration.

The best way in order to apply damping is the classical method using
displacement time derivative. However, this method is limited for robustness reason.
Thus, tangential damping is an interesting method in order to apply additional
damping forces for unbalance control purpose. The tangential damping stabilizes
systematically the main precession and the other disturbances have low effect on the
force applied. However, it could destabilize the precession opposed to the main one.
Regarding the previous example, when the amplitude of displacements related to the
backward mode increases, the tangential damping is directed to this mode, as shown
in Figure 5. 8. Let us consider that the tangential damping gain is half the direct
damping gain (Figure 5. 8), then the normalized global damping of the backward
mode start from 0.15 and increases progressively and until it achieves a limit value
close to 1.5. On the other hand, the normalized global damping of the mode at 200Hz
with a forward precession is reduced progressively from 1.5 to 0.9. Consequently, the
negative effect of the tangential damping on this mode when the backward
precession is the principal contributor is limited as the direct damping alone has a
normalized gain that equals 1. In all cases, the gain of the tangential damping is
chosen in order that all of the modes are well damped (tangential plus direct), and
the system behaviour is expected to be better with tangential damping than without.

Finally, tangential damping is a robust method that permits to apply additional
damping forces for unbalance control. In addition, compared to classical unbalance
control methods, tangential damping does not make use of the signal provided by a
rotating speed sensor. Thus, the hardware of the bearing is simpler and more robust.

Fuzzy controller

Fuzzy logic was first introduced by Zadeh [1965]. Born in the USA, the fuzzy logic
has first gained acceptance in Asia and its successful applications have permitted it
to be now widespread in the world.

It is an extension of the conventional (Boolean) logic to handle the concept of partial
true-false values between completely true and completely false. Fuzzy logic is
interesting because it takes into account the fact that most modes of human reasoning
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are approximate rather than exact. Fuzzy logic is a decision support system. It allows
taking actions with uncertain or imprecise measurements.

Borne et al. [1998] discuss on the theory of fuzzy logic and its main characteristics.
Fuzzy control has the advantages of being able to be used in complex systems, non-
linear, time-variant, or including uncertainties. In addition, it is less sensitive to
parameter variations of the system and it allows use of membership functions
adapted to the dynamic behaviour of the subject system. In addition, it enables the
calculation of nuanced actions and the consideration of some data variations that
leads to robust behaviour. On the other hand, fuzzy controllers handle generally
parameters in time domain consequently; the approach is different from the usual
approaches utilized in industrial applications, which are frequency domain based.

Action Action
i > i >
HoTt T HOT [
Action /
l :
Hor T

Figure 5. 9: Action of the different controllers

The interest of fuzzy logic can be understood with a simple introductive example.
Consider temperature control of a room with two actuators: one heater and one air
conditioner. Different controllers can be used in order to obtain a warm temperature:

e A linear controller: an ideal temperature is defined and the actuators are used
quite constantly to follow this setting, with an action proportional to the gap
between the measured and the set temperatures. In this case, during the
same day the heater and the air conditioner can be used with an obvious
waste of energy.

e A controller with Boolean logic: two thresholds are defined. If the measured
temperature is inferior to the temperature defined as cold, the heater is fully
on and respectively, for hot temperatures. The problem is the definition of
thresholds, which temperature is cold, warm or hot? In addition, large
oscillation of temperature can occur.

e A fuzzy controller: membership functions are defined for the temperatures
cold, warm and hot. For warm temperature the actuators are set off. If the
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temperature decreases, the heater is progressively set on. When the
temperature becomes fully cold, the action of the heater is equivalent to that
of the linear controller (it could be also equivalent to the Boolean controller).
Of course, fuzzy logic leads to non-linear controllers.

The actions obtained with the three controllers are plotted in Figure 5. 9. The
approach used to obtain the mathematic expression of a fuzzy controller is detailed
in the following. In this work, the Takagi-Sugeno method is used for its effectiveness
in real-time computations. Thus, this method is used in order to present fuzzy logic
theory.

Fuzzy set theory

The main principles of the fuzzy approach are first the fuzzification of the inputs into
linguistic quantities, e.g. high and low. Each input state is associated with a
mathematic membership function. Second, the inference engine implements a set of
linguistic rules based on the behaviour of the system. Finally, the control is obtained
after defuzzification. This consists in transforming the linguistic conclusions of each
rule in a command with a numerical value.

Considering, a space of elements X called universe of discourse. A fuzzy set A in X is
characterized by a mathematic membership function fa(x) which associates with each
element x in X a real number in the interval [0;1]. Generally, a linguistic name is
associated to each fuzzy set. In the case described by Figure 5. 10, the universe of
discourse is [0;40], and three fuzzy sets are defined (cold, warm and hot). Each fuzzy
set is represented by a bell-shaped function, but it could be triangular, trapezoidal,
etc.

Y T HOT

|
0 20 40

Temperature (°C)

v

Figure 5. 10: Membership functions

The fuzzyfication enables to compute for each element of the universe of discourse
its degree of belonging to each fuzzy set. This operation permits to conclude that
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15°C is 70% cold 15% warm and 0% hot. The total is often different from 100%, it can
be seen as a manner to take into account uncertainties.

There are a number of heuristic rules that permit to design a suitable fuzzy
controller. For examples,

e The fuzzy sets must cover the entire universe of discourse,

¢ Only one membership function can equal 1 for a given element (a given

temperature can not be considered fully cold and fully warm)...

The human reasoning is implemented in the inference engine. Rules are determined
based on the behaviour of the system. The experience of the designer is used in order
to define a set of rules that permits to have the best reaction to each event. These
rules are conditional and should describe all the possible events that can occur. This
evaluation requires solid knowledge of the system. A few simple rules can be
sufficient to describe the system's behaviour, as a limited number of rules simplifies
the design process and can lead to optimized performances.

In the case of our introductive example, the rules could be chosen as follows:

o If the temperature is cold then the heater is turned on,

e If the temperature is warm then no action, and

e If the temperature is hot then the air conditioner is turned on.
The control action is obtained after defuzzification. It consists in aggregating the
conclusion of each rule. Each fuzzy method possesses its own defuzzification
process. Only the Takagi-Sugeno defuzzification is presented hereafter.

Generally, each rule conclusion is a linear function of the inputs, but it can be more
complex like quadratic or something else. The parameters of these functions are
tuned according to the system and the desired behaviour.

For the introductive example, three actions are defined:
e Heater is turned on corresponds to U, =aT +b,
e No action corresponds to U, =0, and

e Air conditioner is turned on corresponds to u =a,l +b,.

air—conditioner

The final action is the sum of the products of membership function values times the
action of each rule. The result is weighted by the sum of the membership function
values as indicated in Figure 5. 11.

_2fu
A=
21,

5.7
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For our example:

_ Feow (TH@T +8,)+ frior (T) (@, T +1,) 5.8
A= 0 Funan () o (1) |

As a function of the sign of the action A, the heater is used or the air conditioner.
There are never both in the same time, as there is only one output to our simple
controller. The method used in order to calculate the control command is illustrated
with an example presented in Figure 5. 11.

Y T HOT 1

feop(15)=0.7

fwarm(15)=0.15
fror(15)= 0.0

Temperature (°C)

The action is:
0.7*(a,*15+b,)+0.15*0+0%(a, *15+D, )
0.7+0.15+0

=

A(15)= ~12.4a, +0.8b,

Figure 5. 11: Computation of the control command

The mathematical formulation of the fuzzy controller is a relatively simple
expression whose complexity increases with the number of variables, the number of
fuzzy sets and the number of rules.

SISO Fuzzy
Position Lond
ead-lag
)
Velocity

Figure 5. 12: Structure of the fuzzy controller

Fuzzy controllers can be designed from scratch but they have gained many industrial
successes by upgrading an existing linear controller. Generally, industrial
applications of AMBs make use of SISO controllers. Thus, it was convenient for a first
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approach to base the fuzzy controller on an existing strategy. The non-linearity of
fuzzy controller offers several possibilities for the control of disturbances. It is
possible to increase the performance of the controller with the same level of
robustness and the reduction of control forces.

The SISO fuzzy PID designed has the general structure described by Qiao and
Mizumoto [1996]. It is the sum of a fuzzy PI with a fuzzy PD controller as described
by Figure 5. 12. In addition, as for the polar fuzzy controller, a lead-lag compensator
is used in order to ensure stability of high frequency flexible modes of the rotor and
robustness of the system. The displacement is measured and the velocity is
calculated by numerical differentiation. The two data (position and velocity) are used
as inputs for the fuzzy controller.

Four generalized bell shape membership functions were utilized, since this type of
membership function offers smooth transitions as shown in Figure 5. 13. Smooth
transitions are preferred in order to avoid high frequency contents in the control
forces.

Nondimension inputs are used in order to obtain a flexible fuzzy controller. It
is easier to handle the relative displacement with respect to auxiliary bearing
clearance than the displacement itself. This is the way that universe of discourse was
normalized. For velocity membership functions, several case studies were realized,
and analysed in order to quantify the maximum possible velocity, and then a safety
factor was applied.

The design of the membership function should take into account the noise of
measurement. The noise of measurement can be evaluated either by the sensor
resolution, or by measurement when the rotor is levitated in steady state conditions.
For this second case, the displacements and velocities are measured, and their
respective amplitude gives directly the measurement uncertainty. These amplitudes
of displacements and velocities should be insufficient to change of prevalent
membership function. On the other hand, in order to be efficient small amplitude of
displacement and velocity should belong to one of the two fuzzy sets (positive or
negative). Finally, as nominal behaviour is considered and, the displacements and
velocities are relatively small compared to noise of measurement, only two
membership functions were utilized for each input of the fuzzy controller.

plot points: 181 plot paints: 181

Membership function plots Membership function plots

input variable "Displacement” input variable "Velocity"

Figure 5. 13: SISO Membership functions

76

Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Chapter 5 - POLAR FUZZY CONTROLLER DESIGN

The rules are chosen in order to optimize the energy dissipation and to minimize the
kinetic energy of the rotor (the force is always opposite to the velocity as illustrated
in Figure 5. 14). The rules selected were:
e  When position and velocity have the same sign, then the proportional gain is
activated. Note that the other gains are always activated.
e When the displacement and velocity have opposite signs, the damping gain is
conserved but the stiffness is set to zero.

N S| | E———— —

Figure 5. 14: Control strategy

Different sets of rules were assessed by numerical computations. Particularly, the
case where the action force is completely set off when position and velocity have
opposite signs. This configuration was not retained because the damping was not
optimized. For the controller developed, the dimensionless resulting action surface is
shown in Figure 5. 15.

Action

Figure 5. 15: SISO Fuzzy surface

This type of controller can offer good performances. Nevertheless, their non-linearity
can involve undesirably anisotropic behaviours, especially when it is applied as a
SISO controller. Thus, a number of disadvantages appear:
e The bearing characteristics depend on the direction. Thus, there are infinity of
directions to analyse in order to characterize the robustness, the stability and
the performances of the controller.
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e The response to a harmonic excitation has a large spectrum, which can excite
modes of the structure. Thus, since there is always at least an unbalance, the
controller excites constantly the structure.

e The bearing generates cyclic bending of the rotor, with an obvious reduction
of the rotor lifetime.

The anisotropy induced by non-linear SISO controllers can be illustrated with two
simple examples.

e Let us consider a controller with two rectangular membership functions. If the
displacement is between -xo0 and xo, the stiffness Ki is applied, otherwise the
stiffness Ka (different from Ki) is applied. For this case, there is at least one
circular trajectory for which the rotor sees both stiffness as indicated in
Figure 5. 16.

e Second, if the damping C is non-linear, and is a cubic function of the velocity.
When the velocity equals 1 and has the same direction as a control axis, the
damping force equals C. However, for the same velocity, if the direction is
exactly between the two axis, the damping force equals:

3 EERN RN

Thus, for the same velocity the damping force is halved.

Figure 5. 16: Example of anisotropic behaviour

This study considers only the case of nominal behaviour with low displacements.
Consequently, if the membership functions are tuned too smoothly, a linear
controller can approximate the non-linear one. And, if the membership functions are
tuned with too hard transitions, disturbances can appear, and lead to system
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instability. Finally, for these operating conditions, there is a narrow range of
membership functions that enable to make use of the unique capabilities of fuzzy
controllers without disturbing the system.

15 NDE 10,000rpm 15 DE 10,000rpm
10 10
/g 5 ’E‘ 5
3 2
N —
s .| =,
-10¢ -10
-15 ‘ ‘ ‘ ‘ -15 ‘ ‘ ‘
-15 -10 -5 0 5 10 15 -15 -10 -5 0 5 10 15
V24 (um) V13 (um)

Figure 5. 17: Non-linear response 10,000rpm

An experimental result is shown in Figure 5. 17. The SISO fuzzy controller utilizes
membership functions with a state transition from 0 to 1 on narrow ranges of
displacements and velocities. The controller has almost a switching behaviour and is
very non-linear. Each colour corresponds to one rotation of the rotor (spin). The rotor
had a good behaviour with low vibrations. After few minutes at 10,000rpm a
disturbance had appeared. It was the backward response of the third flexible mode.

Spectrum of displacements
0.09 ‘ ﬂ o : Voa /
0.08 V13
0.07| 1
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Figure 5. 18: Spectrum of the signals provided by the two bearings
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Peeters et al. [2011] discuss the non-linear behaviour of structure and show that non-
linear modes can exhibit coupling with several harmonics. Here, the behaviour could
appear to be a non-linear mode with harmonics 1 and 5, but it is only the response of
a higher frequency mode whose frequency is not a harmonic of the rotating speed as
shown in Figure 5. 18. It is worth mentioning that for the DE bearing the whirling
frequency is the one of the third flexible mode. Then, after a few minutes, the system
became unstable and landed on its auxiliary bearings.

It is demonstrated that Cartesian coordinates are not well adapted to rotating
machinery equipped with non-linear controller then, it is natural to consider the
polar coordinates as an alternative.

Polar fuzzy control strategy

[ Position ]—[KP N ’—[ Il’ltegrli]]—[KP !
K
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Figure 5. 19: Schemes of Controllers

Radial Vel.

The fuzzy approach is well adapted for controlling complex systems and is less
sensitive to parameter variations. Unfortunately, this kind of controller cannot
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prevent spillover effects. Two solutions can be considered: either the application of
modal control or implementing a fuzzy controller based on a Standardized PID
(SPID). The SPID control enables managing the stability of high frequencies by
introducing lead-lag compensators as shown in Figure 5. 19. These filters guarantee
stiffness and damping for high frequency modes. In this study, the latter solution
was chosen. Then, fuzzy process is used to modulate the gains of the SPID
determined previously. The controller could be enhanced by using a synchronous
filter. In the following, the fuzzy and the polar approaches are introduced, then the
SPID is presented and finally, the synchronous filter is described.

Fuzzy approach

The fuzzy logic controllers developed consider each bearing as a single MIMO
system as presented in Figure 5. 19. The inputs are the radial position and velocity
and the tangential velocity stemming from the displacements measured in the two
directions. The outputs of the fuzzy controller are then used in order to modulate the
gain of the SPID. The outputs are the forces computed in the polar coordinates and
then converted into command currents.

The tangential damping could attenuate the low frequency performance of the
system since it is sensitive to low frequency noise. Thus, it is interesting to apply it
only when it is necessary. In the polar coordinates system, a critical speed can be
detected by a high tangential velocity. In addition, it is very common that a critical
speed is seen with two different levels of amplitude on the two bearings.
Consequently, one bearing could damp the synchronous vibrations and the other has
its best performance in the low frequency range by avoiding to apply unnecessary
tangential damping.

Usually, there is a trade-off between the stiffness and the damping of the
bearing. Thus, the bearing stiffness cannot be increased infinitely. An abnormal
behaviour can be detected with polar coordinates (e.g. dissymmetry,
subsynchronous vibration...). Then, an increase of stiffness during a short time
enables to restore the steady state behaviour without reducing the damping of the
system.

Fuzzy controllers with trapezoidal membership functions were utilized. These
simple membership functions seem sufficient for this study. The rules are:

e TFor permanent behaviour, when tangential velocity is high tangential
damping increases by 50%.

e For transient behaviour, when radial velocity is positive, radial stiffness
increases by 50%.

This set of rules seems adapted to the system, an optimization could improve it or
complete them for particular operating conditions (large displacements, faults...).
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SPID

The polar fuzzy controller permits to obtain performance margins not achievable by
linear controllers. Here, we have chosen to distribute equitably these margins in
order to reach three objectives: first to simplify the controller design, second to
satisfy standards requirements without synchronous filters and finally to improve
the low frequency performances. It is worth mentioning that it is not the only choice
possible.

Usually, the characteristics of an augmented PID are determined as a function of the
dynamic behaviour, the number of modes included in the operating speed range and
the operating conditions (gas flow and pressure ratio). Also, the stiffness is chosen
low and the damping is concentrated around system natural frequencies.

The first step of the fuzzy approach was the definition of the specifications of
the SPID. The controller bandwidth is divided into low and high frequency domains
with a transition around the second flexible mode. The idea is to standardize the
design in the low frequency bandwidth, which corresponds to the operating speeds
range that includes three vibration modes (cylindrical, conical and the first flexible).
The consequence of this standardization is the reduction of the performance of the
tirst flexible mode response since the damping is not concentrated on the bending
frequency. The high frequency stability and robustness depend on the mode shapes
and frequencies. The parameters that provide a suitable behaviour are specific to
each bearing. Lead-lag filters tuned for each bearing manage these properties.

The controller must overcome the principal sources of instability, such as the
negative stiffness and the seals dynamic coefficients. A high stiffness enables to
counteract AMB and seals negative stiffness. SPID have naturally its minimum
stiffness around the first rigid body mode. Consequently, if the designed stiffness is
"sufficient" to control the first mode, this will be the case for the higher ones. Since
the stiffness is high, the possibilities to introduce damping are limited. In addition,
the seals effects introduce negative effective damping especially in low frequency.
Thus, the damping of this domain becomes a priority. Finally, the damping is made
constant for the remaining operating speeds. Consequently, the controller became
less efficient but more multifunctional. Moreover, the bearing characteristics are
almost independent of rotor geometry in the operating frequency range. It can be
supposed that the modification of the global gain can be sufficient to adapt the
controller to different sizes of bearings and rotor for a given application.

Synchronous Filter

The fuzzy controller developed provides performance close to the requested
specifications. However, we have developed a strategy that improves the
performance of the system by using additional forces. So, the energy consumption of
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the system is not optimized. It could be the topic of future researches. Nevertheless,
if the bearing has not the required capabilities and if it is impossible to change it, we
propose a simple solution, which uses synchronous filters.

A simple notch filter enables the reduction of vibration and control forces
when passing through critical speeds. Among the different existing methods, the
notch filter implemented in this study rejects the synchronous bearing stiffness only.
This choice was motivated by the fact that generally, filters used to cross bending
mode critical speeds reduce the synchronous stiffness and add synchronous
damping. As the fuzzy controller generates damping, only the first effect was
necessary. The filter has a gain of -6dB at the synchronous frequency. It was activated
at speeds beyond the rigid modes and before the flexible one and it is maintained
until the maximum speed. Finally, this filter has the advantage to be independent of
rotor characteristics.

Q* +K A, Qs+5
Q*+A Qs+

N(s) = 5.10
Where:

e () is the rotational speed of the rotor,

e Kais the gain for the rotational speed frequency, and

e Ao is the width of the stop-band.

Conclusions

The requirements for centrifugal compressors and the limitations of PID controllers
have encouraged us to develop a new control strategy. The strategy chosen enables
to enhance the machinery dynamic behaviour and to simplify the design and the
design process. The approach is destined to operate without synchronous filters. In
this way, a simpler and more robust system is expected. In addition, the bearings
have almost standardized characteristics. These could improve the design process of
turbomachinery as mechanical engineers would have a precise idea of bearing
characteristics during the design of the rotor. Finally, only the high frequency
parameters must be tuned and this should lead to a shorter design time.

The strategy was assessed numerically and experimentally. In the following,
only the major results are reported.
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This test rig was ordered for the needs of this thesis. During the first year, the
specifications for this one were established based on an acceptable size for safety
reasons and a dynamic behaviour as close as possible to the one of centrifugal
compressors. Thus, the main specifications were a supercritical rotor with a
maximum speed around 10,000rpm. The rotor would have low gyroscopic effects but
at least one disk. It would be supported by two radial AMBs. The objectives were to
have a flexible rotor in complete levitation since a classic bearing could damp high
frequency modes, whose stability we wished to study. Finally, it must have a flexible
coupling with the motor in order to avoid to modelling this one.

Based on these specifications, the manufacturing of a test rig was considered.
However, an existing design was available commercially. Finally, it was purchased
as it satisfied our specifications and allowed us to save time.

The first objectives of this test rig were to assess the performances, the stability and
the robustness of different control strategies. Then, the limits of the different control
strategy were assessed. Finally, it was used in order to show that numerical
predictions are representative of experimental results.

The aim of the test rig was to assess control approach developed numerically.
Also, if the approach was sufficiently robust, it could be implemented experimentally
without any additional tuning. As we apprehended, a tuning was necessary mainly
due to our inexperience. The tuning was made in the same time on the test rig and on
the numerical model in order to understand the phenomena and to adjust the
approach. At the end, the controller was running well on both. However, there were
discrepancies between numerical results and experimental ones. The results were
analysed in order to understand the different sources of deviations. Besides, the
different phenomena that could explain them will be discussed.

Some system characteristics are difficult to measure experimentally.
Consequently, it is important to validate the numerical model in order to ensure that
the numerical predictions are in accordance with the real system. A comparative
study of numerical results and measurements is presented. To do so, the model
needs a calibration. It is not identification since a global parameter (the current
stiffness) is used to compensate both modelling parameters errors and phenomena
not taken into account in the model. In addition, this calibration can be implemented
in the controller in order to obtain experimentally results with the same trend as the
numerical predictions.
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In the following, the experimental test rig and the associated numerical model are
presented. The characteristics chosen to perform numerical simulations are reported,
and the controller tuned for this test rig is presented. Then, the sources of deviation
between numerical and experimental results are studied. The numerical model is
calibrated in order to match the experimental system. Finally, a design approach is
used, and the numerical model is validated according to the method recommended
by API 617 [2002].

Remark: In the following, only the controller supplied with the test rig is considered.

Experimental apparatus

Signal processing,
Integrated controller and
Amplifiers Panel /O NDE bearing DE bearing Motor

DO NOT opg
WiTHouY cu'}\:t‘lss

Figure 6. 1: Test rig

The experiments were performed using an academic test rig presented in Figure 6. 1.
It is a commercial product manufactured by SKF® and was delivered with a
dedicated PID controller. The test rig is equipped with two identical AMB called
NDE (Non Drive End) and DE (Drive End) bearings. Each bearing has a maximum
static capability of 280N with air gaps of 0.375mm. The action lines are positioned in
the configuration load between axes. They are powered in differential driving mode
with a bias current of 1A. Current are provided in the range of 0-3A using PWM
amplifiers. Two displacement sensors (variable reluctance probes) are integrated in
the housing of each bearing and are non-collocated with actuators, as shown in
Figure 6. 3. The Input/Output panel gives access to the displacements measured and
enables setting currents for the amplifiers. Each AMB has one auxiliary bearing with
a clearance radius of 0.1mm.

The shaft is composed of three parts bolted together. A central part (diameter:
19.05mm; length 344mm) with a disc 120mm in diameter and 25mm long placed at
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mid-span, together with two shaft ends (35mm of main diameter). The stack of
laminated steel sheets is shrunk on each of these two shafts. Due to the different
lengths of the latter (190.5mm at DE and 110.5mm at NDE), the rotor is not symmetric
in relation to the central disk. The total rotor length is 645mm. The rotor mass is
5.89kg. Three balancing planes are available: one at the central disc and one at each
bolted plane. The rotor is driven by a 500W electric motor with a maximum speed of
12,600rpm. Power transmission is provided through a flexible coupling. The
operating speed range used in this work is up to 10,000rpm, which includes three
critical speeds (two forward rigid modes and the first forward flexible mode). The
speed of the rotor is monitored by using a speed sensor placed close to the motor.

As suggested by the third part of ISO 14839 [2006], the frequency bandwidth
considered in this study is 0-2kHz. The test rig can be controlled either by using the
dedicated device or externally via the input/output panel. The new controller is
implemented under Simulink® and dSpace® environments, with a sampling
frequency of 20kHz. The four control axes available on the test rig are shown in
Figure 6. 2. Actuators and sensors are represented by red circles and balancing
planes by green ones.

V24 Addition sensor not
used for this study

Balancing planes
Respectively 3,2 and 1

Figure 6. 2: Definition of the control axes

Numerical model

Two fuzzy controllers were developed with numerical simulations and then applied
to the academic test rig. The first one is a SISO fuzzy controller. It exhibits good
performances but its non-linear behaviour generates anisotropy and leads to a
complex system difficult to analyze. Defoy et al. [2012] have presented the
experimental results. The second one is the polar fuzzy controller studied in this
thesis.
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Figure 6. 3: Finite Element model of the rotor (Red DE, Blue NDE)

The numerical model was necessary in order to establish the design methodology
and tune the controller parameters. The numerical model of the rotor was formulated
with the finite element method, without experimental identification. The radial
AMBs are presented in Figure 6. 3, as suggested in the standard ISO 14839 [2002].
The rotor model is composed of the following elements: rigid discs, flexible shafts
and bearings. The shaft model is composed of 41 Timoshenko beam elements. The
calculations of the natural frequencies and the mode shapes were performed with
direct stiffness (no cross stiffness and no damping). For a preliminary dynamic
behaviour assessment, the stiffness value (8.10°N.m™") is chosen in the order of
magnitude of the AMBs final stiffness. The natural frequencies of the rotor computed
for the frequency bandwidth studied are summarized in Table 6. 1. For the sake of
clarity, only the shapes of the first flexible modes are plotted in Figure 6. 3. Then, the
free-free modes of the rotor are computed and introduced in the complete model
with AMBs. The pseudo modal method is used in order to keep only the first 14 free-
free modes (to conform to the bandwidth of frequency).

Modes Orpm (Hz) 15,000rpm 15,000rpm
Backward (Hz) Forward (Hz)

Rigid 1 70 69 70
Rigid 2 90 88 92
Flexible 1 134 130 138
Flexible 2 413 345 476
Flexible 3 766 719 822
Flexible 4 1,139 1,043 1,287
Flexible 5 2,643 2,627 2,663

Table 6. 1: Rotor natural frequencies

As the AMB is powered in differential driving mode, it can be considered as linear in
the range of nominal displacements. Thus, it is taken into account with a current
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Chapter 6 —- TEST RIG

stiffness of -138N.A' and a negative stiffness of -0.34N.um. These values were
estimated with respect to the bearing geometry. The electronic part of AMB is
represented with a first order low pass filter with a cut-off frequency of 2kHz.

Polar fuzzy controller

The SPID coefficients chosen for the academic test rig were intentionally simple in
the low frequency range. In order to generalize the design process, the coefficients
were chosen such that the damping was almost constant and with a low constant
slope for the stiffness for the operating range considered as shown in Figure 6. 4. The
stiffness is plotted on the critical speed map. Strictly speaking, they are the natural
frequencies and not the critical speeds, i.e. the analysis was done without considering
gyroscopic effects. The gyroscopic effect was very low on the three first modes and
the fourth critical speed was about 100Hz higher than its related natural frequency.

Critical Speed Map Damping

450 — NDE ||
400 — DE

Frequency (Hz)
Frequency (Hz)
=om N N G W
O}
=)

0
10°

107 102 104

— .
Stiffne;so (Nm™) Dampi&g (Nsm™)

Figure 6. 4: Standardized stiffness and damping (Red DE, Blue NDE)

Finally, the fuzzy controller and the synchronous filter have the characteristics
discussed in the previous chapter.

Misalignments

In this section, the positions of the bearings are studied since the misalignments
could explain some differences between experimental and numerical results in the
next sections. The static control currents that enable to support the weight of the
rotor give a good idea of the degree of misalignment of magnetic bearings. They are
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Chapter 6 — TEST RIG

represented in Figure 6. 5 and compared to numerical prediction in Table 6. 2. The
static currents were measured also with the motor coupling removed, and the
coupling effect was revealed negligible.

Figure 6. 5: Static currents

Regarding experimental results, it is clear that there are assembly errors. Only the
V24 static current matches numerical predictions. As the rotor is centred relatively to
the auxiliary bearing, it is very common that the two bearings are not perfectly
concentric and consequently current and negative stiffness are slightly modified.

DE NDE
V13 W13 V24 W24
Load (N) 34.2 25.0
Numerically (A) -0.175 -0.128
Experimentally (A) 0.016 -0.484 -0.102 -0.281

Table 6. 2: Static control currents

Let us consider that the relation (3.15) between force, current and position is suitable.
Hence, it is possible to determine the position of the rotor inside the magnetic
bearing (see Table 6. 3).

DE NDE
V13 W13 V24 W24
Rotor position (um) 75.5 -132.3 10.8 -64.1

Table 6. 3: Position inside the magnetic bearing

It seems that there is important errors mainly on DE bearing. The estimated position
of the rotor on the DE side bearing is presented in Figure 6. 6. Prins et al. [2007]
present a second method to identify the centre of the magnetic bearing using bias
current perturbation. The current in the upper electromagnet iwy and the current in
the lower iw are used in order to estimate the rotor position.
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This method is interesting since it minimized the number of parameter supposed
known. The method needs iteration to be efficient and then cannot converge if the
centre is not in the range of auxiliary bearing clearance. Applying these methods, the
centre of NDE magnetic bearing seems 10um lower on V24 and 50um upper on W24
than the actual position. On the other hand, the centre of DE magnetic bearing seems
slightly out of auxiliary bearing clearance. Thus, these results confirm the results of
the first method.

W13 V13

Figure 6. 6: Estimated position of the rotor

However, the two methods suppose that the bearing is known and there is only
parallel offset misalignment error. Modelling parallel offset misalignment is quite
easy, but it is much more difficult to study angular offset misalignments. On real
systems, there are both and it is difficult to differentiate the contribution of each one
(Figure 6. 7).

Angular offset Parallel offset
misalignment misalignments

—————————————————————————————————————————————————— Error of concentricity
---- between two bearings

\ Error of concentricity
between magnetic and
B Roller bearing roller bearings

Figure 6. 7: Three misalignment errors

Finally, based on these results and our observations of the test rig, the estimated
positions of the two bearings are shown in Figure 6. 8.
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Figure 6. 8: Estimated real position (Top view)

As we are unable neither to measure angular misalignments nor to modelling them,
no misalignment is considered in the numerical model.

Calibration of current stiffness

The negative and current stiffness of the bearings are investigated. In mechanics, the
general approach is to identify the experimental system in order to adjust the
numerical model. Here, the prevalent parameter is the current stiffness. Thus, it
could be interesting to consider this parameter unknown, to measure it and to
modify the controller accordingly. This method can be considered as a calibration as
it is currently done for sensor sensitivity.

The calibration was performed on unbalance responses. The main sources of
deviations between numerical and experimental results were studied: time delay,
bearing asymmetry, negative stiffness and current stiffness. Time delay acts more on
high frequency stability than on performances. Asymmetry can explain the
differences between the measurement obtained in the two orthogonal directions (V
and W), but even for our case with an important asymmetry, this effect is not
responsible for the global trend of unbalance responses. Finally, unbalance response
is less sensitive to negative stiffness than current one. Consequently, it appears that
the current stiffness is the main parameter.

A heuristic method has enabled to identify that experimental current stiffness
was 30% below estimation. The error is huge and only a complete identification of
the bearing could explain it, as the values stemming from measured currents and
estimated positions are somewhat different (Table 6. 4).

DE NDE
V13 W13 V24 W24
Current Stiffness (NA™1) -151.5 -135.3 -139.1 -135.7
Negative Stiffness (daNum™) | -0.394 -0.297 -0.340 -0.317

Table 6. 4: Current stiffness & negative stiffness
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Schweitzer and Maslen [2009] show that by applying a position offset, it is possible
and simple to measure the ratio of negative stiffness over current stiffness.

1 —1
: _ 4 _ 1 2
Ki -Kx =Ki,-K x, <K =K, 6.3

Xy =X,

This relation is used to compare the “analytical results” with the experimental
results. The measurements were performed with +50um of position offset. The results
are presented in the Table 6. 5.

K DE NDE
~(A.m)
K. V13 W13 V24 W24
Analytically 2,601 2,194 2,446 2,337
Experimentally 2,300 1,950 2,650 2,500
Error (%) -13 -13 8 7

Table 6. 5: Negative over current stiffness

The results are convenient. Thus, considering only the model there are four
possibilities:
e A modelling error cannot be completely excluded, even if the probability is
supposed low in our case.
e The error comes from one of these parameters: the pole surface, the number of
turn in coils or magnetic permeability of vacuum space. The probability for
that seems still lower.
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e The error comes from one or more phenomenon not taken into account in the
model. It could be angular misalignment, eddy currents, magnetic hysteresis
or the relative permeability of the iron depends on the frequency.

e The error stems from the high parallel offset measured and manufacturing
tolerances. This hypothesis is the most likely; indeed the error on the ratio Kx
over Ki could be squared. For the axis V24, where the misalignment can be
neglected the ratio is proportional to the inverse of the complete equivalent
air gap (see equation 6.2), whereas the current stiffness is proportional to the
inverse of the square of this value. In addition, the high misalignment could
lead to more non-linear effects and important errors stemming from actuator
linearization. Therefore, an important part of the error is stemming from the
misalignment.

A particular attention has been paid to the high frequency gain of the SPID controller
in order to be sure that both controllers (PID and SPID) have equivalent high
frequency robustness and tuning difficulty. Thus, the two controllers have almost the
same gain for high frequencies. Consequently, all the controllers have been tuned for
the test rig current stiffness, obviously the delivered PID but also the SPID and the
polar fuzzy controller.

In the following, the numerical model was modified to correspond to the test
rig behaviour. A negative stiffness of -0.34N.um™ with a current stiffness of -97N.A"
are considered for numerical computations.

Comparison of numerical and experimental results

PaE Fos Rotor ] 5 Acquisition
i ) Low pass filter
; _
Antialiasing K le
Low pass filter | -
\4
V1 l Amphfler ~ DAC + Controller

transfer function|” |Low pass filter

+| E

Figure 6. 9: Measurement of sensitivity function

Experimental and numerical results are compared. The sensitivity function, the
natural frequencies and unbalance responses are studied. On the other hand, the
characteristics of the system controlled with the supplied controller are studied.
These characteristics will be compared with the results obtained with the new
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controller in Chapter 7. In addition, as the same modelling approach is used for the
compressor, this study makes it possible to quantify the differences between
numerical simulations and experimental results and to extrapolate the results that we
could obtain on a real compressor.
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Figure 6. 10: Comparison of sensitivity functions

Remark 1: The phase curves are wrapped.

Remark 2: The bearings are considered symmetric for numerical computations,
therefore for each bearing there are one numerical result and two experimental
results
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Theoretically, the respective limits of the sensitivity gain and phase for high
frequencies are one and zero. In experimental results, the gain and phase decrease
due to amplifier transfer function and antialiasing filters, as shown in Figure 6. 9.
This protocol was used because the controller output signal was not available for the
supplied controller. Thus, the experimental method used for sensitivity function
measurement differs slightly from the one recommended by ISO 14 839. The curve
must be rectified by mind to be compared with numerical results (Figure 6. 10).

Experimental results are far richer than numerical one. In the low frequency
range, there are several peaks, whereas there is only one with numerical
computations. Beyond 150Hz the results are close and the natural frequencies are
quite the same as indicated in Table 6. 7. It is worth mentioning that the rigid body
modes are mainly managed by bearings whereas flexible modes are managed by
rotor itself. Thus, the rotor model seem appropriate but even with the calibration the
bearing model is not satisfactory.

The calibration was done on the unbalance response. Hence, the model is
mainly calibrated for the first bending mode and the NDE bearing, since bending
mode is mainly visible on NDE side. In addition, the misalignment is more important
on DE side. Thus, it is not surprising that the numerical and the experimental results
matches better on NDE sensitivities.

The two modes at 17Hz and 27Hz present in experimental results of both
controllers was identified as foundation modes. From our observations, the mode at
17Hz corresponds to the vertical vibration of the test rig frame on its rubber feet; the
one at 27Hz corresponds to the bending mode of the table supporting the test rig. In
addition, other peaks in the low frequency range could be also identified as stator
modes of vibration.

The bad coherence at 17Hz indicates that there is a resonance, but its
amplitude is over estimated. This was confirmed by a more precise measurement of
the sensitivity function value around this frequency.

From these results, it is quite difficult to know if the damping of the high
frequency modes was well estimated by numerical computations.

Finally, the most important thing to notice is that the maximum of the
sensitivity was well estimated and experimental is inferior to the numerical one for
both bearings as shown in Table 6. 6.

Maximum peak of Numerical Experimental
sensitivity

DE 2.2 2.2
NDE 2.9 2.8

Table 6. 6: Stability margins
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Natural frequencies Numerical (Hz) Experimental (Hz)
Flexible 2 414 414
Flexible 3 765 743
Flexible 4 1,140 1,040

Table 6. 7: Natural frequencies

The two rigid body modes and the first flexible mode are too damped to estimate
their frequency with the sensitivity function. The high natural frequencies of the
system (where the estimation is more reliable) are compared in Table 6. 7. The
estimation of natural frequencies is satisfactory. Nevertheless, even for a quite simple
rotor it is not so easy to obtain the good frequencies. Here the main difficulty was the
bolted planes. The stiffness reduction, seen experimentally, was anticipated by
considering a smaller shaft section than the actual around these planes as shown in
Figure 6. 3. However, this correction seems insufficient.

Unbalance response 1 NDE

[6V)
)

Q1
T

== NN
g1 O
T T

Amplitude (um)
(a]

- 1

0 1000 2000 3000 4000 500 6000 7000 8000 9000 10000
Rotating speed (rpm)

S Gl

Unbalance response 1 DE

T T T T T T T

(€8]
)

5 BB
I
«™B

Qa1
T
|

Amplitude (um)
—
e}

0 1000 2000 3000 4000 500 6000 7000 8000 9000 10000
Rotating speed (rpm)

I
I
L
1
1
1
1
1
\
)
Ly

Figure 6. 11: Response with unbalance on plane 2

API 617 [2002] recommends carrying out the unbalance tests during coastdown, with
fixed increment of speed. The tests performed are slightly different, since they are
performed during run-up with low acceleration from 0-10,000rpm (50rpm/s). The
sampling frequency equals 2kHz. Time windows of 0.5s are extracted from run-up
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measurements. Fast Fourier Transforms (FFTs) computed on these signals have a
resolution of 2Hz. Therefore, the rotational speed can be supposed constant.

This method was used because it was more convenient to obtain automatically
the unbalance response on the overall range of speed with a small step of rotating
speed.

The numerical and experimental results were compared for two unbalance
distributions as presented in Figure 6. 11 and Figure 6. 12. First, with an unbalance of
25.35¢.mm placed on the central disk (plane 2). Second, with two opposite unbalances
of 11.82¢.mm and 9.63g.mm respectively placed on planes 1 and 3. The unbalances are
different in order to take into account the difference of load on the two bearings.
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Figure 6. 12: Response with unbalances on plane 1 and 3

The bending critical speed responses were correctly estimated. As for sensitivity the
rigid body critical speeds response is far from experimental results. Nevertheless, the
difference between the two measurement axes is of the same order of magnitude as
the difference between numerical and experimental. Consequently, the results
obtained can be considered as satisfactory.
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From the two resonances visible at low frequency on sensitivity transfer
functions (17Hz and 27Hz) only the first is present on unbalance responses
(1,020rpm). Although, it seems to be a backward cylindrical mode from orbits, it is
interesting to see that it is mainly excited by the second unbalance distribution.

Finally, the main differences can be attributed to misalignment since there is
not the same behaviour on the two axes of each bearing.

Validation of numerical predictions
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Figure 6. 13: Response with unbalance on plane 2

In the previous section, the controller has been calibrated in order to obtain
numerical results with the same trend as experimental ones. For an industrial point
of view, it is preferable to adjust the test rig parameters and not the numerical model.
The controller should be calibrated in order to obtain the same electrical stiffness as
the one used for numerical computation. Then, the machine exhibits the forecast
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behaviour and there is no need for addition computations. A test was performed in
order to show that this method is possible. The results are presented in Figure 6. 13.
The controller gain was increased by 43% on the test rig, this induced a same gain for
the overall action line as the one used during numerical predictions.

The experimental and numerical responses to an unbalance of 25.35¢.mm placed on
the central disk are shown in Figure 6. 13. The error on the critical speed value is less
than 2% for the main critical speed. In addition, the maximum experimental
displacement is less than the numerical result. Thus, from an API 617 point of view
the results are satisfying. Nevertheless, due to the asymmetry the first critical speed
is split into two critical speeds. The second on the V axes is less important, but the
critical speed value is 8% higher than the predicted value.

Conclusions

During this thesis, an important effort has been done in order to predict correctly the
dynamic behaviour of rotors supported by AMBs.

A first source of errors is well identified. The misalignment leads to a rich
dynamic behaviour in the low frequency range and it is impossible for the moment
to explain all the visible phenomena. For example, it is worth mentioning that the
misalignment errors seem higher on W axes, whereas the difference of behaviour
between prediction and measurement are more important on V axes. Thus, it would
be interesting to set up a model of magnetic bearing with an angle of misalignment.
This model could permit a better understanding of these phenomena. Nevertheless,
even with a perfect model it will be impossible to predict the behaviour, since
misalignment is a random phenomenon. Consequently, there is more to do on the
manufacturing quality than on modelling.

It could have a second source. It could be eddy currents, magnetic hysteresis
or the relative permeability of the iron depends on the frequency. In all the cases, it
was demonstrated that this phenomenon can be compensated by calibrating the
controller. In addition, the results with the two values of current stiffness (action line
gain) give the predicted results, and this confirms that it is the prevalent parameter.

In the future, an identification of the actuator behaviour and a precise
modelling of all of the physical phenomena could permit to predict correctly the final
behaviour. Nevertheless, this estimation of the actuator behaviour could be
reasonably done only, if the whole characteristics of actuators are available.
Although, we do not have such information for the moment, at least the materials,
the geometry and the amplifier control should be known.
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The comparison of numerical predictions with experimental results allows us to have
a relative confidence in the numerical results obtained and exhibited in the Chapters
7 and 8.
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Chapter 7 - POLAR FUZZY CONTROLLER
ASSESSMENT

The aim of this study is to assess numerically and experimentally the control strategy
developed. The stability, the robustness and the performances of the system
equipped with the polar fuzzy controller are highlighted through different tests. In
the following, experimental and numerical results are presented. Most of time only
one of them is presented in function of the needs, the clarity or the technical
possibilities. Only the more relevant characteristics have been measured.

The fuzzy controller was compared with the initial augmented PID controller
delivered with the test rig. Five case studies were performed:

1. The sensitivity, that permits to quantify the system robustness.

2. The closed loop transfer function in order to assess the sensitivity of the
system to noise of measurement.

3. The dynamic stiffness computation and amplification factors evaluation,
which are related to the system performances and the severity of resonance
frequencies.

4. The unbalance responses, for the assessment of the rotor dynamic behaviour.

5. The response to subsynchronous excitations is measured to estimate the

capacity of the controller to manage disturbances as aerodynamics ones.

The polar fuzzy controller modulates the gain of the underlying SPID controller. As
this controller is non-linear, the transfer functions are not defined. Moreover, the
fuzzy controller applies targeted actions. Consequently, the transfer functions of the
system controlled with the SPID appear sufficient for a first evaluation.

The polar fuzzy controller modifies mainly the synchronous characteristics of
the system with tangential damping and the low frequency performances with the
increase of the radial stiffness. Therefore, it can be considered that the differences
between polar fuzzy controller and SPID are mainly in the operating frequency
range.

Sensitivity

The sensitivity of the system controlled with the SPID controller was computed and
measured. As for the PID controller, the NDE sensitivity function was correctly
predicted, but the error on the DE side was important as shown in Figure 7. 1.
Consequently, the maximum of sensitivity was over estimated and the test rig is
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more robust than predicted. Once again, the error can be due to the misalignment of
the DE bearing.
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Figure 7. 1: Comparison of sensitivities for the SPID controller

The sensitivity of the SPID was measured with a maximum value of 2.2. The
sensitivity stemming from the manufacturer controller (here called PID) reached 2.8,
leading to 20% of improvement as indicated in Table 7. 1. Eventually, the sensitivity
analysis shows that the system has satisfying stability margins.
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Maximum peak SPID PID

of sensitivity Numerical Experimental | Experimental
At rest 10000rpm At rest At rest

DE 2.5 2.5 1.6 2.2

NDE 2.2 2.2 2.2 2.8

Table 7. 1: Stability margins

Closed loop transfer function

The low frequency gain, of the Closed Loop Transfer Function (CLTF), must equal
one in order to ensure that the system follows the setting point. For a levitated rotor,
this enables to keep the rotor in the centre of the bearings. The high frequency gain
must be low to ensure system robustness. Finally, the maximum gain must be as low
as possible to avoid measurement noise amplification.

CLTF SPID
10° VAN ]
g S
(8] 1 = [— 1
O101p 2 1815 £
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— DE NORCIEE
2 ‘ ] ‘ L ‘ i S |
107 00 10" 102 10°
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Figure 7. 2: Numerical CLTFs

The CLTFs are shown in Figure 7. 2. The CLTFs are much more difficult to measure
than the sensitivity, because the gain is lower and consequently the measurement is
more disturbed by noise. Nevertheless, there is a direct relationship between the two
transfer functions as:

G +G. =1 7.1

Thus, the experimental results can be deduced from sensitivity measurement in the
low frequency range. On the NDE side the sensitivity is well estimated then the
CLTF too. However, on the DE side the actual sensitivity gain is quite nil hence, the
CLTF gain is closer to the value one than predicted.

105
Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Chapter 7 - POLAR FUZZY CONTROLLER ASSESSMENT

Globally, the two controllers have the same CLTF characteristics, as indicated
in Table 7. 2. Even more than predicted, because the two absolute maxima are likely
to be on NDE bearing. Finally, the SPID is 3% more sensitive to noise of
measurement, and both controllers are suitable.

Maximum peak Numerical SPID Numerical PID
of CLTF At rest 10000rpm At rest 10000rpm
DE 3.0 3.0 2.3 2.3
NDE 2.7 2.8 2.9 2.9

Table 7. 2: Measurement noise sensitivity

Dynamic stiffness

Dynamic Stiffness at Rest

109 T T T T T T T T
— NDE

Dynamic Stiffness (Nm1)
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Frequency (Hz)

Figure 7. 3: Numerical Dynamic stiffuess of the bearings

Usually, mechanical structures are identified by measuring the transfer function
between an exciting force and the corresponding displacement (admittance). For
magnetic bearings, the dynamic stiffness Koy is preferred, it is the gain of the inverse
of this transfer function, when the force is applied at actuator location and the
displacement measured at bearing sensor location. Thus, the dynamic stiffness can be
measured easily.

The dynamic stiffness of the system, when the rotor is levitated in standstill
conditions is shown in Figure 7. 3. From a mechanical behaviour point of view, this
curve is one of the most interesting. It gives a precise idea of the bearing capacity to
reject disturbances. The dynamic stiffness is shown until 500Hz, as this curve is used
essentially in order to analyse the dynamic behaviour in the operating frequency
range. In addition, the high frequency characteristics can be deduced from CLTF as
explained in the following.
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The minimum of the dynamic stiffness function quantifies the performance of
the bearing. This minimum should be specified according to the machine application.
The results with the PID and SPID controllers are compared in Table 7. 3. The PID
controller delivered with the test rig exhibits better performances than our SPID
controller, as the minimum is decreased by 9.6%. Thus, for a same disturbance (in the
low frequency range) the displacements level would be higher with the SPID.

Minimum of Dynamic Numerical SPID Numerical PID
Stiffness (N/um) At rest 10000rpm At rest 10000rpm
DE 0.264 0.263 0.292 0.292
NDE 0.285 0.285 0.313 0.313

Table 7. 3: Disturbance rejection

Generally, the first rigid body mode is split into two peaks as shown in Figure 7. 3.
The first minimum, at 16Hz for our case, is not a mode of vibration, even if the shape
is the one of the cylindrical mode (stator modes are not considered in the model).
This peak is produced by the stiffness variation. Where, for a typical mechanical
mass-spring system the stiffness is constant, here it has large variations. At very low
frequencies, the stiffness can be considered infinite due to the integral part. It
decreases with a minimum value around the minimum gain in the Bode diagram
(12Hz) and then increases. Thus, the value and the frequency of this peak can be
estimated from the bode diagram.

min, (K, ) »min(G,,, )+ K, =0.28Nm"' 7.2

Dyn

The minimum value of this peak can be improved by increasing the integral gain,
leading to an increase of stiffness but also to an attenuation of damping.

The second minimum at 49Hz is the first rigid body mode. It can be improved
by increasing damping at this frequency. Consequently, the improvement of the first
one leads to the deterioration of the second one. From a mechanical point of view,
the second is more important since it quantifies the severity of a resonance
frequency. The two peaks can be merged, in this case, it will be difficult to assess the
first rigid body mode with the dynamic stiffness.

The amplification factor is valuable to estimate the severity of a mechanical
resonance. The amplification factor is the ratio of the mechanical energy of the
system over the energy provided by the external forces during one cycle at the
resonance for permanent conditions. More the AF is high more the energy dissipated
by the system is low. API 617 [2002] specifies that the log decrement shall be at least
0.1, which is equivalent to a maximum AF of 31.4 by using;:
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271

V4AF* -1

log decrement = 7.3

There is no direct method that enables to quantify the AF. The half power point
method used in API 617 [2002] to assess unbalance responses must be seen as a
definition. Since, this formula is suitable only for uncoupled oscillator with high AF
and should be measured on velocity (with the mobility) and not on displacement.
Alternative methods exist, Matsushita et al. [2005] proposed to compute a function
that gives the AF for each mode. Here, as a first estimation half power point method
is used, the results are summarized in Table 7. 4.

Natural frequencies (Hz) AF DE AF NDE

16 1 1

49 2 1.9
82 - -

132 - 2.8

414 34.5 11

765 59 40

1140 48 63

Table 7. 4: Severity of resonance frequencies

As usual for mechanical system identification, the AF evaluations are calculated from
the admittance (inverse of the dynamic stiffness Goyx). They can be also calculated
from the CLTF, as in ISO 14839-3 [2006]. The difference is the bearing transfer
function, which can be supposed to have small variations around a resonance
frequency. In addition, the AF of the first rigid body mode is easier to assess.

GC:m 7.4
G

Dyn

The modes belonging to the operating speed range have a small amplification factor.
Sometimes, the AF is too small to be calculated with this method. In this case, the
behaviour can be considered as acceptable. However, the AF increases with higher
frequency modes. The AF of the free-free rotor modes has been chosen equal to 100.
Thus, the controller applies damping to all the modes in its frequency bandwidth.
There is no requirement for high frequency modes in the standards, because API 617
[2002] requirement is appropriate for fluid film bearings, and for the first rigid mode
assessment. Finally, these values seem sufficient, since they are lower than 100 and
the test rig is running well.
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Unbalance responses

Unbalance at 2 Opposite unbalances at 1&3

12.79¢.mm (1-7.39¢.mm, 3 - 5.40g.mm)

AF Disp.pp Cur. A AF Disp.pp Cur. A

um pm

. SPID 2.6 12.1 0.081 - - -
5 Fuzzy 2.6 10.9 0.085 1.6 5.3 -
PID 4.8 13.3 0.072 - - -
o SPID - - - - - -
LS 'g Fuzzy - - - - - -
Y PID - - - - - -

< SPID - - - 1.0 7.2 0.068

§ Fuzzy - - - - 5.4 0.070

“ PID 5.0 7.3 0.059 24 13.0 0.100
_ SPID 2.1 13.7 0.092 - - -
5 Fuzzy 3.0 13.3 0.104 - - -
PID 4.2 26.5 0.141 - - -
wm g SPID - - - - - -
% § Fuzzy - - - - - -
Y PID - - - - - -

< SPID - - - - 9.6 0.095

§ Fuzzy - - - - 6.0 0.076

= PID 3.8 246 0.129 4.7 199  0.106

Table 7. 5: Table Unbalance response assessment

First numerical assessments were performed. The results obtained are summarized
in Table 7. 5. The empty cells correspond to non-measurable values. The unbalances
were applied according to API 607 [2002] requirements. Considering the controller
developed, the AFs are slightly higher than the recommended values, but we
consider it acceptable since calculations were performed without SF in the control
loop. The displacements have a limited amplitude and the forces are within the
capacities of the bearings. Thus, this controller can be applied experimentally. It is
worth mentioning that the fuzzy controller improve mainly the bending critical
speed response, as the worst behaviour is exhibits for the first critical speed, there is
no global improvement between SPID and fuzzy controllers for this specific case. In
addition, the performances of the SPID for these case studies are already satisfying.
Thus, the fuzzy controller is partially set on leading to particular behaviour, where
the AF is increased. In this case, the AF value is no more representative of the
damping.
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Chapter 7 - POLAR FUZZY CONTROLLER ASSESSMENT

In addition, fuzzy controller exhibits better unbalance responses than the PID.
The maximum AF is reduced by 37%, the displacement by 50% and the control
current by 26%. Thus, the fuzzy controller enables notable improvements.
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Figure 7. 4: Synchronous responses

For experimental evaluation, the unknown initial unbalance was considered. The
synchronous vibrations were measured, in the conditions explained in Chapter 6, for
the initial PID controller and for the polar fuzzy controller alone as shown in Figure
7. 4. The results emphasise the asymmetry of the bearings and the complexity of the
dynamic response at low rotational speed. The modes at 17Hz and 27Hz are visible
(1020rpm and 1620rpm). The critical speeds due to the cylindrical mode at 4200rpm
and the bending mode around 9000rpm are clearly identified. There is one or two
additional critical speeds not identified around 3,000rpm. Finally, it seems that as for
the response plotted in Figure 6. 11, there is on the axis W24 (for the fuzzy controller)
a critical speed at 7500rpm. This critical speed could be the bending backward critical
speed. The conical mode was damped too strongly to appear in the unbalance
response as predicted by numerical simulations. Finally, the maximum synchronous
displacement was reduced by 37% by using polar fuzzy controller, a reduction in the
same order of magnitude than the predicted value.
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Figure 7. 5: Experimental unbalance responses

This study is completed by the assessment of the synchronous filter. The global level
of vibration is considered as it is more representative of the system performances.
The residual unbalance distribution is considered so the differences between Figure
7. 4,and Figure 7. 5 are only due to asynchronous vibrations and the different
rotating acceleration. The measurements are realized with a constant acceleration
100rpms?. A low pass filter with a cut-off frequency at 1kHz is used in order to
suppress the noise of measurement. The envelope of radial displacements, stemming
from measurements in the two directions, was chosen as a representative value of
vibrations. The results are presented in Figure 7. 5. The synchronous filter is set on
from 6000rpm (60s) to the maximum speed.

Three critical speeds are sufficiently excited to be visible: the first around
1000rpm that occurred only when using the initial PID controller; the second around
4000rpm that corresponds to the cylindrical mode; and the last, around 9000rpm, was
identified as the first flexible critical speed. The mode around 1000rpm with the initial
PID controller has a backward precession, the other are forward critical speeds. As
the mode near 1000rpm was identified as one of the foundation modes, the new
controller minimizes the energy and the vibration transmitted to the ground.
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From the results obtained, the polar fuzzy controller exhibit better behaviour.
The maximum displacement decreased by more than 30%. In addition, the simple
synchronous filter enables a significant reduction of 14.6% of the vibrations by
comparison with the polar fuzzy controller alone. However, the synchronous filter is
mainly used in order to reduce the control forces.
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Figure 7. 6: Comparison of top currents

The standard deviations of the control current representative of the control energy is
shown in Table 7. 6. The control energy is reduced by 31% compared to polar fuzzy
controller alone and by 58% compared to the PID controller.

The currents in the top electromagnets are shown in Figure 7. 6. The same
conclusions are done, but it can be added that for the DE bearing, the mean currents
(static currents) evolve during the 20 first seconds. This can be attributed to the
misalignment and could modify the bearing characteristics.

Standard Bearing axes

deviations (A) V13 W13 V24 W24
., PID 0.0272  0.0383 | 0.0205  0.0432
?f Fuzzy 0.0247  0.0297 | 0.0253  0.0354
< Fuzzy SF 0.0255  0.0337 | 0.0263  0.0336
g PID 0.0260  0.0406 | 0.0577  0.0901
)

— Fuzzy 0.0168  0.0180 | 0.0424  0.0548
& Fuzzy SF 0.0136  0.0132 | 0.0331 0.0376

Table 7. 6: Control energy
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Figure 7. 7: Rotor orbit at 10000rpm

The rotor orbits measured for the stabilized speed of 10,000rpm are presented in
Figure 7. 7. It can be seen that the displacements, stemming from the three
controllers, are lower than those measured for the run-up configuration. This is due
to the additional excitation introduced by the motor during run-up.

The Polar fuzzy controller provided a more circular response. Indeed, the

controller defined this trajectory as natural and imposed corrective action on bearing
misalignment.
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Figure 7. 8: Noise sensitivity of fuzzy forces
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Finally, the forces applied by the fuzzy controller at 10,000rpm are revealed by Figure
7. 8. The first plot presents the proportional and derivative forces computed by the
SPID. For the sake of clarity, the integral forces are removed because they introduced
a constant force in the vertical direction, which counteracts the weights. It can be
noted that the amplitude and the direction of the forces change constantly and the
controller is sensitive to the measurement noise. On the other hand, the force applied
by the fuzzy controller has almost constant amplitude and a same tangential
direction. As expected, the utilisation of polar quantities with fuzzy logic permits to
apply targeted forces.

Subsynchronous excitations

In this section, the dynamic behaviour in the presence of subsynchronous excitations
is experimentally evaluated when operating at nominal speed (10,000rpm). This
configuration corresponds to the aerodynamic disturbances common in
turbomachinery applications. The disturbance was introduced by using the DE side
bearing as an actuator. Two independent band-limited white noise are used. The
signal is limited to 0-30Hz and has maximum amplitude of about 0.5A.

Responses to subsynchronous excitations
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Figure 7. 9: Response to subsynchronous excitations

The control strategy developed is compared to the initial PID controller. The
displacements measured during two seconds are presented in Figure 7. 9. The
maximum peak-to-peak amplitude is reduced from 37.6um to 27.2um with the polar
fuzzy controller. This reduction of 28% takes into account both the synchronous and
the subsynchronous attenuation of vibration. However, the synchronous vibration is
negligible. The Root-Mean-Square (RMS) value was computed for the two controllers
over 20s of measurements. Respectively on the axes V13 and W13, 6.29um and
6.16um were obtained with PID controller, and 4.19um and 4.77um with the polar
fuzzy controller leading to an attenuation of 24%.
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Figure 7. 10: FFT of the measured displacements

When observing in frequency domain, the polar fuzzy controller enables to reduce
the subsynchronous excitation as shown in Figure 7. 10. Nevertheless, due to its non-
linear properties, the fuzzy controller excites a narrow range of frequencies around
60Hz. It is a drawback of non-linear control. The non-linear response of the controller
contains more frequencies than the initial disturbance and then excites modes of the
system.

Conclusions

The results show that it is possible to define a simple underlying controller with
satisfying stability and robustness. Then, by using fuzzy logic with polar quantities
as inputs, it is possible to have better performances than an augmented PID
controller. The gains are first, a simpler design method and second, a better dynamic
behaviour.

The simplicity of the SPID comes from several interconnected effects. First, the
number of filters included in the operating speed range is reduced. The filters non-
used are the ones specific to each rotor that enable to concentrate the damping
properties of the bearing around the natural frequencies. For example, usually a
phase lag filter is used in order to reduce the bearing damping on the range of
frequency between the rigid body modes and the bending mode, and a phase lead
filter to obtain more damping on the first bending mode. Consequently, these filters
are highly dependent on the frequency of each mode. As, the performance of the
system depends on these filters, a heuristic optimization process is necessary. The
method developed enables the avoidance of this phase. Finally, the standardization
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of the design process enables to obtain readily the resulting dynamic behaviour
during the preliminary design of the machine.

It is worth mentioning, that the SPID could seem better than the PID, but the
two controllers are not optimized for the same functions. In experiment, the SPID
exhibited a higher sensitivity to DE bearing misalignment. This can be seen on
experimental sensitivity function, where the errors between numerical and
experimental results are higher with SPID. This result was confirmed when
examining the unbalance response with SPID. Excessive displacements were
observed on DE bearing. Thus, an unintended advantage, of polar fuzzy controller,
was found. Indeed, it has exhibited no particular sensitivity to misalignment.

There is a trade-off between the three transfer functions studied: the SPID has
better stability margin, but higher sensitivity to measurement noise and less
disturbance rejection capability. As expected, since the gyroscopic effects are small,
the transfer functions are almost identical at rest and for the maximum speed at
10,000rpm.

The polar fuzzy controller enables to improve the performances of the system for the
whole range of operating frequencies. This can be seen on both the unbalance
response and the response to subsynchronous excitations.

The study of the dynamic stiffness has shown that the SPID alone has worse
performance than the augmented PID at least for low frequencies. Here, the results of
subsynchronous excitations demonstrate that the polar fuzzy controller enables to
improve significantly the performances of the underlying SPID controller, since the
polar fuzzy controller exhibits better performances than the PID controller.

Finally, the synchronous filter permits to reduce significantly the control energy,
giving the possibility for smaller actuators.
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Chapter 8 - INDUSTRIAL APPLICATION -
NUMERICAL ASSESSMENT

After the successful application of the strategy developed for the control of an
academic test rig (Chapter 7), it is adapted here for the control of an industrial
compressor whose flexible rotor is supported by Active Magnetic Bearings (AMB).
For this industrial application, only numerical investigations were performed.

The aim is to show the easiness of design, and the efficiency and the
robustness of the approach developed. In addition, the main steps of the evaluation
of a compressor supported by AMBs are presented.

The methodology to assess the dynamic behaviour of an industrial compressor
supported by magnetic bearing can be found in the literature. Masala et al. [2010]
evaluate the rotordynamic behaviour of a vertical high speed compressor equipped
with AMBs for subsea application. As the compressor is vertical, they introduce the
flexible characteristics of the stator in the model. Then, they present an overview of
the system assessment method. In addition, they compare experimental and
numerical results giving an idea of the deviation.

First, the model of the compressor used for numerical computation is described. The
main differences with the test rig are the rotor mechanical properties and the effects
of gas seals. The bearings and the controller are simply adapted. The controller is
assessed for different configurations that correspond to the standards and the
compressor final user specifications. The polar fuzzy controller is compared to the
SPID controller. Six case studies were performed:

1. The sensitivity, that permits to quantify the system robustness.

2. The closed loop transfer function in order to assess the sensitivity of the
system to noise of measurement.

3. The dynamic stiffness computation and amplification factors evaluation,
which are related to the system performances and the severity of resonance
frequencies.

4. The unbalance responses, for the assessment of the rotor dynamic behaviour.
Three unbalance distributions are examined for run-up conditions up to 125%
of trip speed.

5. The response to subsynchronous excitations is computed in order to estimate
the capacity of the controller to manage disturbances as aerodynamics ones.

6. The impulse response at nominal speed is analyzed in order to highlight the

performances of the polar fuzzy controller.
As for the test rig, the transfer functions of the system controlled with the SPID
appear sufficient for a first evaluation.
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Detailed model

For this study, the prototype of the ICL was used in order to be able to validate
experimentally the results on an existing machine. The experimental tests have not
been realized due to cost and time delay. This machine has typical characteristics of a
midstream machine used for gas storage. It is presented in Figure 8. 1.

Figure 8. 1: Integrated Compressor Line

The centrifugal compressor is equipped with a magnetic thrust bearing and two
identical radial AMBs called NDE (Non Drive End) and DE (Drive End) bearings.

The rotor is composed of a shaft of 2m length, six impellers and two stacks of
laminated steel sheets shrunken on each bearing location. The total rotor mass is
370kg. The compressor delivers 5.5MW. The operating speed range used in this work
includes three critical speeds (two forward rigid modes and the first forward flexible
mode), that makes the machine supercritical.
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Figure 8. 2: Finite Element model of the rotor (Red DE, Blue NDE)

The action lines are positioned in the configuration load between axes. They are
powered in differential driving mode. Two displacement sensors are integrated in
the housing of each bearing and are non-collocated with actuators, as shown in
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Figure 8. 2. A flexible coupling is positioned between the compressor rotor and the
electrical motor. Thus, the lateral analysis of the two rotors is uncoupled and the
study is focused on the compressor. The frequency bandwidth considered in this
study is 0-2kHz.

For the sake of clarity, only the shapes of the first six modes are plotted in
Figure 8. 2. The rotor model is composed of the following elements: the flexible shaft
and rigid discs (for the impellers and the two stacks of laminations). Regarding the
shaft model, it is set up with 82 Timoshenko beam elements. The calculations of the
natural frequencies and the mode shapes were performed with direct stiffness (no
cross stiffness and no damping), which equal 2.10’"N.m! (as for test rig this stiffness is
used only for preliminary assessment then free-free modes are used). The pseudo
modal method is used to keep only the first 20 modes (to conform to the bandwidth
frequency). The natural frequencies of the rotor are presented in Table 8. 1. Globally,
the gyroscopic effects are negligible.

Modes At rest (Hz) 125% of trip speed
Backward (Hz) Forward (Hz)

Rigid 1 48 48 48

Rigid 2 74 72 77

Flexible 1 152 144 160
Flexible 2 324 306 341
Flexible 3 554 528 579
Flexible 4 835 799 871
Flexible 5 1171 1114 1231
Flexible 6 1564 1478 1658
Flexible 7 1920 1840 2012
Flexible 8 2382 2313 2462

Table 8. 1: Rotor natural frequencies

As the AMBs are powered in differential driving mode, they can be considered as
linear in the range of nominal displacements. Thus, they are taken into account with
a current stiffness and a negative stiffness of -6.3N.um". These values were estimated
with respect to the bearing geometry and load. The electronic part of each AMB is
taken into account with a low pass filter with a cut-off frequency below 2kHz.

The study was carried out with dynamic coefficients of seals as defined by
Childs and Scharrer [1986]. The effects of gas seals were taken into account for all the
study except the response to unbalances and impacts. They are not considered for
unbalance responses, as the effect of gas seal depends on operating conditions and
consequently on the rotating speed. The impact was to illustration of fuzzy controller
performances, it is not a case study for compressors assessment as this type of
excitation is rare. Thus, without gas seal coefficient the system is simplified. The
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Chapter 8 - INDUSTRIAL APPLICATION — NUMERICAL ASSESSMENT

coefficients are summarized in the Table 8. 2. The shaft is oriented along the y axis
and the direction of rotation is defined from the axis z to the axis x. The position is
measured from the NDE side.

Position (mm) | Kz==Kwu (N/um) Ka=-Kx (N/um) | Cz=Cx (Ns/m)  Ca=-Cxz (Ns/m)
635.1 0.89 0.84 550 -265
744.1 0.87 0.95 629 -281
943.1 1.05 1.06 711 -295

1049.1 -8.23 -0.24 2717 5252
1155.1 1.28 1.38 963 -332
1332.1 1.19 1.27 875 -319
1440.1 1.19 1.27 875 -319
1520.3 -6.08 0.64 2037 3955

Table 8. 2: Seals dynamic coefficients at 100% speed

The characteristics of the SPID are those described in Chapter 5. They are evolved
along the study in order to take into account the particular disturbances existing on
compressors. The main difference with the version applied on the academic test rig is
the increase of damping at low frequency in order to consider seals dynamic
coefficients. In addition, the general gain is increased in order to take into account the
“scale effect”, as shown in Figure 8. 3.

Critical Speed Ma Damping of Bearings
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Figure 8. 3: Standardized stiffness and damping (Red DE, Blue NDE)

The Bode diagram of the bearings is presented in Figure 8. 4. On the phase graph,
black squares are issued from the Campbell diagram. The width represents the
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variation of natural frequencies due to gyroscopic effect (from the second flexible
mode) for the whole range of rotating speed considered. Green squares take into
account modelling uncertainties. They are not centred in order to consider that the
compressors natural frequencies are generally under estimated for compressors. Blue
and red squares represent a node between sensor and actuator with respect to the
associated bearings (NDE and DE respectively).

It can be noted that the high frequency gain is much higher than the one in
operating speed range due to the necessity of a high Q-factor.

The controllers have been tuned by considering an internal dissipation. In
addition, according to mode shape, the bearings were considered to have low effect
on the 6t flexible mode. Thus, the controller can reduce the modal damping of the 6t
flexible mode without producing any instability.

Bode Diagram
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Figure 8. 4: Transfer function of controllers

For almost each high frequency mode, we have designed a low damping, but on a
quite large range of frequency, in order to consider modelling uncertainties. If this
damping value was found insufficient by experimental results, it would be easy to
concentrate the damping on each mode.

Results

Sensitivity
The compressor has a “modal density” greater than that of the test rig (we mean by
modal density, the number of natural frequencies within a defined frequency range).

Consequently, the cut-off of the controller gain is more difficult and the sensitivity
exhibit maximum peaks at high frequencies (300-1,500Hz) as shown in Figure 8. 5,
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where the gain of the controller is maximum, whereas it was for first bending mode
frequency on the test rig.

Sensitivity
— NDE
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5
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O
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Figure 8. 5: Sensitivities at rest

The sensitivity of the SPID was measured with a maximum value of 2.4 as shown in
Table 8. 3. It is 0.6 below the zone A limit.

Maximum peak At rest At MCS At MCS
of sensitivity with seals
DE 2.34 2.12 1.80
NDE 2.39 2.29 2.25

Table 8. 3: Stability margins

Natural frequencies are functions of the rotating speed due to gyroscopic effects. As
narrow lead-lag filters are used to ensure damping for high frequency modes, the
modification of natural frequencies changes the damping of the bearing (for the
considered mode). Then, the sensitivity maximum value changes too. Consequently,
when the maximum of sensitivity is found for high frequency modes, the sensitivity
should be verified for different rotating speeds, even with low gyroscopic effects.

It can be noted that seals dynamic coefficients provide damping for high
frequencies. Thus, the sensitivity of the system is attenuated, when they are taken
into account.

Closed loop transfer function

The CLTF at rest is provided in Figure 8. 6. The influence of measurement noise is
quite independent of operating conditions as shown in Table 8. 4.

The results on the CLTF show that the system has an acceptable sensitivity to
noise of measurement since the maximum gain has a limited value.
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Closed Loop Transfer Function
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Figure 8. 6: CLTF at rest

As shown in the following the AF of the first mode is difficult to obtain from
dynamic stiffness. The CLTF permits a better evaluation. At rest the AFs equal 2.0
and 1.8, and at MCS with seals, 2.1 and 1.6 respectively on DE and NDE sides. Thus,
the damping of the first mode is satisfying.

Maximum peak At rest At MCS At MCS
of CLTF with seals
DE 1.95 1.92 2.21
NDE 2.05 1.90 1.85

Table 8. 4: Measurement noise sensitivity

Dynamic stiffness

The seals dynamic coefficients induce negative stiffness and negative damping at low
frequencies. In addition, there are a series of seals on the two balance drums. One is
positioned at middle span and the second on the drive end side. Consequently, the
effect of gas seals appears mainly on DE side as shown in Figure 8. 7, where the
dynamic stiffness is reduced by 20% as indicated in Table 8. 5.

Minimum of Dynamic | At rest At MCS At MCS
Stiffness (N/um) with seals
DE 16.0 16.0 12.8
NDE 16.4 16.4 16.7

Table 8. 5: Disturbance rejection

The damping is not identical for the two bearings, thus the tilting mode appears at a
lower frequency (91Hz) on the NDE side than on the DE side (112Hz). The undamped
natural frequencies are the same, but as the action is applied at bearing location, the
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effect of the other bearing on damping should be negligible. Consequently, the
frequencies of the maximum amplitude are different.

The bending mode does not appear on the DE side, because the bearing has
relative high stiffness and damping, and one node is relatively close to the bearing
actuator. Consequently, the DE bearing has less impact on the bending mode than
the NDE one.

Dynamic Stiffness at rest
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Figure 8. 7: Dynamic stiffness at rest

With this SPID the damping is increased for low frequencies, then the minimum of
the dynamic stiffness function is not split into two small peaks as for the test rig as
shown in Figure 8. 7. Here, the two peaks are merged, and a better robustness to
variations of negative stiffness and seals dynamic coefficients is expected. However,
the AF of the first mode cannot be calculated with the half power point method, as
this will induce large errors (see Table 8. 6 and CLTF evaluation).

The AFs should be assessed for the different operating conditions. They are
computed from the admittances as explained in chapter 7. Hereafter, only the AFs at
rest are reported in Table 8. 6. The amplification factors permit to assess the severity
of resonances. The first modes are well damped. It can be seen than the bending
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mode (186Hz) has an amplification factor relatively high. Thus, it can be supposed
that the study of unbalance response should not satisfy API 617 [2002] requirements.
The modes with higher frequency have an increasing AF, which reaches
progressively the value corresponding to the utilized internal damping of the rotor
(100). It is worth mentioning that it is visible that the controller affects the 6™ flexible
mode, since its AF is greater than 100. Therefore, it is essential to obtain a good
estimation of internal dissipation in order to ensure the stability of the closed loop.

Natural frequencies (Hz) AF DE AF NDE
20 0.43 0.42
91 - 1.4

112 1.6 -
186 - 3.7
340 10.8 11.7
570 28.4 22.8
845 33.9 35.0
1,185 78.7 20.8
1,560 97.8 134.6
1,915 56.3 83.4

Table 8. 6: Severity of resonance frequencies

It should be unnecessary to observe modes beyond 2kHz since the controller gain has
already largely decreased, and the phase is adapted in order to ensure damping for
the very next modes.

Unbalance responses

Three different unbalance distributions were studied which correspond to the
standards specifications as indicated in Table 8. 7.

Configurations Position of unbalances
1 Unbalance at middle span
2 Two opposite unbalances at rotor ends

Two unbalances at rotor ends coupled

3
with an opposite unbalance at middle

Table 8. 7: Unbalance configurations

The envelope of the radial displacement was chosen as a representative value of the
system response. The unbalance responses exhibited three critical speeds: the
cylindrical, the conical, and the last, the first flexible The system response and the
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control force for configuration 1 are presented in Figure 8. 8. This configuration was
chosen for its relative simplicity of interpretation and demonstration. It could be
noticed that the conical mode does not appear in this unbalance response. In
addition, the Synchronous Filters (SF) introduces a slight softening effect (the
bending critical speed is shifted toward a lower value) and reduces the bearing
dynamic forces.
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Figure 8. 8: System response due to unbalance at middle span

As shown in Table 8. 8, the unbalance responses demonstrate the better efficiency of
the fuzzy controller. The maximum displacement decreases by 27% and by more
than 40% with the activation of the synchronous filters. The amplification factors
(AF) were also assessed. As expected, making use of fuzzy approaches enhances the
dynamic behaviour. The initial maximum AF (2.9) was reduced by 20% and almost
halved for the bending critical speed when using synchronous filters. Finally, the
maximum force necessary was reduced by 12% and by 28% with synchronous filters.

The SPID enables to fulfil the requirement of the annexe (4F) of API 617 [2002]
in terms of maximum displacement (90umpp), but not the specifications for
compressors on classic bearings (25umpp). In addition, the AF is higher than 2.5 for
the bending critical speed. Consequently, the machine could not operate at this speed
and separation margins should be considered API 617 [2002]. It is worth mentioning
that the AF of the bending mode is essentially identical on the two bearings and
averaged compared to the values at rest. This makes it possible to obtain satisfactory
AFs compared to the expected values.
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With the fuzzy controller, the AF value is always under this limit, and the
maximum displacement is close to the specifications for classic bearings. Finally, the
association of the fuzzy controller and the synchronous filter enables to satisfy the
totality of standards requirements.

Configuration 1 Configuration 2 Configuration 3

AF Disp. For. | AF Disp. For. | AF Disp. For.

ppum N ppum N pppm N
. SPID 2.5 11 179 - - - - - -
& Fuzzy 22 104 177 - - - - - -
Fuzzy SF | 2.2 104 177 - - - - - -
s SPID - - - 1.8 274 - - - -
E & Fuzzy - - - - - - - - -
“ Fuzzy SF - = - - - - - - -

< SPID 29 108 323 - 26 801 | 24 206 632

§ Fuzzy - 8.2 263 | 14 255 847 | 1.8 16 569

i Fuzzy SF 1 9.2 221 |14 215 732 |15 136 455
_ SPID 24 95 157 = = - - - -
5 Fuzzy 2.2 9.1 - - - - - - -
Fuzzy SF | 2.2 9.1 - - - - - - -
m g SPID - - - 16 164 446 - - -
% § Fuzzy - - - 15 122 371 - - -
Y Puzzy SF | - - - |13 113 271 | - - -

- SPID 28 221 715 - - - 26 362 1,190

g Fuzzy 2 158 598 - - - 23 265 1,049

~ FuzzySF | 1.2 134 448 - - - 1.5 208 855

Table 8. 8: Unbalance responses

Subsynchronous excitations

This configuration corresponds to the aerodynamic disturbances applied on the
coupling between compressor and motor. There is no standard specification. The
main source is the gas inside the coupling cavity. These disturbances are visible
around the first natural frequency because AMBs have a low dynamic stiffness at this
frequency. In addition, dynamic coefficients of seals, shown in Table 8. 2, create a
negative effective damping and an additional negative stiffness.

These disturbances can lead to relatively high vibration levels but without
particular consequences. Nevertheless, this range of frequency is usually monitored,
because a high displacement indicates that the stability of the first mode is too low
with machine supported by fluid film bearing. Thus, there are two disadvantages of
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these low frequency vibrations: the first mode cannot be monitored and an untrained
staff could misunderstand these vibrations.

The SPID was designed in order to provide stability and robustness in the low
frequency range, and particularly to improve the dynamic behaviour of the rotor
excited by aerodynamic disturbances. A comparison of the response of the rotor with
the SPID alone and with the fuzzy controller is presented in Figure 8. 9. Calculations
were performed with the third unbalance distribution at operating speed (2/3 of the
maximum speed). Due to confidentiality constraints, the synchronous response was
dissociated (the vertical scale was conserved). The excitation was a white noise
limited to 0-30Hz, with an amplitude of 15N in frequency domain. This value can
seem low but, as it was applied on a given frequency range, in temporal domain this
signal exhibit peaks close to 750N. That corresponds to an estimation of the
maximum load present on compressors.
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Figure 8. 9: Subsynchronous response

As expected, the results are very similar with or without synchronous filter. The
fuzzy controller permits a reduction of 25% on low frequency vibration levels. On the
other hand, and as the synchronous responses on DE side are almost identical, it is
possible to compare also the displacement obtained in time domain. Whereas, the
SPID exhibits a maximum displacement of 58um, the fuzzy controller limits the
displacement to 40um, leading to an attenuation of more than 30% of the vibration
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level. This difference is important since the maximum of displacement when using
the fuzzy controller falls inside class A as defined by ISO 14839 [2004], while it was
between class B and C with the SPID. It is worth mentioning, that class C is
considered unsatisfactory for long term continual operation.

Impact response

The rotor orbit evolution at the NDE bearing due to an impact at a stabilized speed
(operating speed) with the third unbalance distribution is presented in Figure 8. 10.
The impact is defined by a triangular impulse applied at the NDE bearing. The base
length of this isosceles triangle equals 0.01 second and the length of its altitude 500N.
The red arrow in Figure 8. 10 shows the direction of the impact and the black arrow
the direction of rotation. It can be seen that the displacements, stemming from the
fuzzy controller, are lower than those obtain for the SPID alone. The non-
dimensional vectors on Figure 8. 10 show the additional radial forces applied by
fuzzy controller relatively to SPID. The time is represented by the curve colour, the
oldest position in dark blue and the newest in red.

5 Fuzzy SF- Trajectory NDE 25, SPID - Trajectory NDE
20 20
15 15
10] 10
~51 =5
LS:; 0 \§; 0
=5 z 5
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-15 -15¢
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Figure 8. 10: Rotor trajectories

When the fuzzy controller detects a positive radial velocity, it applies additional
radial forces (compare to SPID) that permit to reduce the maximum displacement
achieved. This shows that the utilisation of polar quantities and fuzzy logic enables
to apply targeted correction forces.

The fuzzy controller exhibits a more interesting behaviour with a maximum
displacement of 19.1um (18.1um when synchronous filters are activated), while SPID
exhibits 24.7um. Obviously, a part of this attenuation stems from synchronous
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responses which have an amplitude of 9.8um without SF, 9.2um with SF and 12.7um
when using SPID.

The fuzzy controller applies additional stiffness thus compared to SPID the
same potential energy is obtained with less displacement. However, there is no
additional damping (except tangential), thus the settling time is equivalent.

Conclusions

The new control approach is assessed numerically for the control of the dynamic
behaviour of an industrial supercritical compressor. The system is assessed through
the classical transfer functions, and acceptable properties are obtained for the SPID.
The dynamic behaviour is compared for several configurations of excitations. Results
obtained when using the polar fuzzy controller were compared to standards
specifications. Results were also compared to those obtained when using a SPID,
which exhibits a similar behaviour than an augmented PID. The controller developed
exhibits stable and robust behaviour. All standards specifications were respected in
associating the fuzzy controller to a SF. With respect to the SPID behaviour, better
performances were obtained for the same level of robustness. Regarding the
subsynchronous excitation, the fuzzy controller enables a reduction of 25% of
vibrations level in low frequency.

It is worth mentioning, that the results obtained with the fuzzy controller
without synchronous filter are very close to the standards requirements, even if,
these ones are not fully adapted to compressors supported by AMBs. A study
regrouping several machines could certainly permit to determine the adapted fuzzy
controller, as we cannot reasonably design the definitive SPID and fuzzy
characteristics, with only one machine. In this way, two advantages would be
obtained: the standardization of the controller and the suppression of the speed
sensor. Thus, the hardware of the bearing would be simpler and more robust.

130
Benjamin Defoy — Thése en mécanique — 2012 — Institut national des sciences appliquées de Lyon

Cette thése est accessible a I'adresse : http://theses.insa-lyon.fr/publication/2012ISAL0140/these.pdf
© [B. Defoy], [2012], INSA de Lyon, tous droits réservés



Chapter 9 - CONCLUSIONS AND PROSPECTS

Summary and Conclusions

In this thesis, the dynamic behaviour of supercritical centrifugal compressors
supported by active magnetic bearings is investigated. The unbalance distribution,
the gas seals and the aerodynamic subsynchronous excitations are the main
disturbances that affect the dynamic behaviour. They should be considered in order
to assess the machine performances. In addition, the dynamic behaviour should
satisfy stringent requirements dictated by international standards and final users.
These requirements aim to the safety and the reliability of the system.

The potential of AMBs is not fully exploited by the usual industrial control strategy
(PID controller). A new control strategy is developed. This strategy takes into
account the possibilities and the limitations of the magnetic bearing technology.

As their structural damping is low, flexible rotors are very sensitive to
spillover effect. Thus, the controller bandwidth is divided into two ranges of
frequencies. For low frequencies, the controller characteristics are standardized for a
given range of product. The characteristics of the controller are those of the
developed polar fuzzy controller. For high frequencies, the underlying PID controller
is tuned in order to ensure stability and robustness for each machine.

The controller developed consists of three elements: the underlying
Standardized PID controller that we called SPID, the fuzzy logic controller and the
polar quantities computation. The SPID controller is tuned in order to simplify the
controller transfer function, while the complete controller is designed in order to
achieve the standards requirements and improve the subsynchronous behaviour.
With the use of polar quantities, each bearing is considered as one entity by coupling
its two axes of action. The introduction of polar quantities permits a better
observation of the rotor dynamic behaviour. In addition, as the polar quantities make
use of the two sensors of the bearing, it is possible to calculate control forces less
sensitive to measurement noise. Finally, fuzzy logic enables to apply corrective
actions based on the global dynamic behaviour. As the polar quantities permit the
observation and the separation of this behaviour, the coupling of the two methods is
an efficient way to apply targeted corrective actions.

We have shown that this controller can attenuate the unbalance response by
using damping forces that do not affect significantly the system robustness. In
addition, it is also able to increase the bearing stiffness during transient or
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asynchronous excitations in order to limit the maximum displacement reached. If
necessary, the control forces can be reduced by using a simple synchronous filter.
This SF aims to allow the use of smaller bearing sizes.

The control strategy is assessed numerically and experimentally. The numerical
model of the system takes into account all the components of the action lines (the
sensors, the electromagnets, the amplifiers, the electric cables, the digital controller
and the rotor). The numerical results are compared with those obtained
experimentally by using an academic test rig. The calibration of the current stiffness
value has permitted to obtain satisfying results and the same trends are observed.
The polar fuzzy controller exhibits a good robustness, a good stability and
performances superior to the augmented PID supplied with the test rig for both
unbalance responses and responses to subsynchronous excitations at operating
speed. Then, the SF is assessed. It enables a reduction in control forces of 30% and an
attenuation of the unbalance response of 14.6%.

Finally, the approach is applied for the control of an industrial compressor.
The numerical assessments are very promising. When making use of SF, all the
requirements are satisfied. It is worth mentioning that the results obtained with the
polar fuzzy controller without SF are very close of the standards requirements used
for classical hydrodynamic bearings. In the latter, the hardware is simpler and more
reliable.

In conclusion, the design of the controller and the machine are easier, and the
dynamic behaviour is improved. The optimization of the approach and the
utilization of an automatic tuning algorithm for high frequency characteristics could
lead to the standardization of Active Magnetic Bearings.

Comments

The standards requirements have not yet been fully adapted to centrifugal
compressors supported by AMBs. We have attempted to do several propositions
aiming at the adaptation of standards requirements to the particularities of both
centrifugal compressors and AMBs.

The validation of the numerical model is realized as specified by API 617
[2002]. In this thesis, the verification was done with the augmented PID supplied
with the test rig. This method is based on the hypothesis of a linear system.
Consequently, this method is not suitable for the polar fuzzy controller developed.
Nevertheless, as the underlying SPID exhibits satisfactory performances for short
term operation, it can be used for the model validation during machinery
commissioning.
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Considering permanent behaviour, the controller developed should be classified in
the range of adaptive control and not in the range of non-linear control. The
unbalance responses are proportional to the unbalance value, as for linear controllers
(at least around the critical speeds).

The polar fuzzy controller developed enables to obtain performance margins.
Then, it is easier to respect the requirements. These margins can be used of different
manners. For example, the dynamic behaviour could be optimized by using a
classical augmented PID as underlying controller, and additional synchronous filters.

A study regrouping several machines could certainly permit to design the
definitive SPID characteristics, which would satisfy the standards requirements
without SF for every new machine.

The test rig has an important misalignment due to mounting errors. This
misalignment disturbs the rotor dynamic behaviour and reduces the quality of
numerical predictions. Nevertheless, it can be expected that the mounting tolerances
for centrifugal compressors are considerably smaller.

The prediction of the bearing current stiffness was not satisfying. It is expected
that the main source of errors are the assembly tolerances. A deeper identification of
the test rig could definitely exclude the other potential sources.

Other possibilities of improvement were identified and could be developed in future
work.

Future work

The main problems encountered on supercritical centrifugal compressors with
classical controllers should be solved with the approach developed. However,
several important issues need to be clarified:

e How the internal damping of an industrial rotor could be predicted?

e What is the maximum “reasonable” AF for high frequency modes?

e How manufacturing tolerances affect the system?

Finally, this thesis could be completed by several studies:
e The optimization of the approach,
e The systematic assessment of non-linear controllers,
e The development of a systematic tuning approach for the high frequency
characteristics,
e The experimental application on a compressor, and
e The study of the system in the presence of fault.
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Chapter 9 - CONCLUSIONS AND PROSPECTS

The internal damping of a flexible rotor is a property essential for the design of the
controller. The non-conservative forces stabilize the modes above the rotating speed
but destabilize the modes below (Schweitzer and Maslen [2009]).

An industrial rotor is a complex structure mainly made of steel. The shaft has
mechanical properties quite easy to predict (natural frequencies and mode shapes).
Moreover, based on the experimental assessment of one shaft, the internal damping
could be also predicted. However, the mounting of the impellers and the other disks
have a large influence on the results. The manufacturing process and tolerances
cannot be neglected. For example, the contact between a shrink fitted disk and the
shaft is a complex mechanical system, which provide additional stiffness and
damping to the whole rotor.

The amplification factor of the different modes is difficult to handle since its
acceptable value depends on the mode considered.

For modes included in the operating speed range, there is no clear
requirement from standards, but a value below 3.5 seems clearly suitable. If the value
is greater than 3.5, separation margins could be considered. However, the maximum
acceptable amplification factor for modes below the maximum speed is difficult to
evaluate. The minimum log decrement required by API 617 [2002] for hydrodynamic
bearings (0.1) seems low for AMBs.

For very high frequency modes, beyond the controller bandwidth, it is normal
to achieve the AF equivalent to the internal damping.

Nevertheless, the modes between the two categories are embarrassing.
Theoretically, they should be affected as little as possible by the controller in order to
ensure the system robustness. However, these modes could be disturbed either by
the bearing (the switching of the amplifier) or the process. Thus, a small damping
decreasing with the frequency of the considered mode could be interesting. We think
that the specifications need to be defined.

The test rig has an important misalignment that was both an opportunity and a
disadvantage. The effects of misalignment are important, and they were not fully
investigated. The bearing characteristics should be investigated as a function of
combined misalignment offset. Then, manufacturing tolerances could be defined
accordingly to the manufacturing possibilities and the effects on the system.

The approach could be improved by the definition of new fuzzy rules. For example,
the critical speeds are detected by the tangential velocity, thus the effect is mainly on
bending critical speed. A coupling of tangential velocity and radial displacement
could improve the unbalance response of rigid body modes.

The SPID characteristics have an important influence on the results. They
could be optimized. The main performance objectives have to be discussed and
classified.
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Chapter 9 - CONCLUSIONS AND PROSPECTS

For a complete assessment of the fuzzy logic controller, it would be necessary to
measure the different transfer functions (sensitivity, CLTF and dynamic stiffness) for
different case studies with different amplitudes of the excitation signal in order to
assess the effect of tangential damping and radial stiffness increase. Moreover, the
tools for a systematic analysis of non-linear controllers must be defined.

For the approach developed, the high frequency characteristics and the controller
general gain are the only parameters that need to be tuned from one compressor to
the other. The systematic tuning of the high frequency characteristics would permit
to simplify the design process of machinery. This systematic tuning could be
achieved by making use of u-synthesis.

The approach required an experimental validation on a compressor in order to be
used industrially. In addition, the study of dynamic behaviour in the presence of
faults will permit to extend the approach in order to control these particular events.
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RESUME :

Le comportement dynamique des turbomachines industrielles doit respecter des critéeres émis par les normes
internationales et les utilisateurs. Les rotors flexibles sont sensibles a la distribution de balourd, et sont soumis aux
excitations aérodynamiques de leur environnement. Usuellement, les contréleurs utilisés peinent a délivrer le niveau
d’exigence demandé, par conséquent les propriétés mécaniques des paliers magnétiques sont fortement
dépendantes de celles des rotors. L’objectif de ce mémoire est d’analyser le comportement dynamique des
compresseurs centrifuges afin de proposer une stratégie de contrdle innovante.

D’abord, chaque palier est considéré comme une entité a part entiere en couplant ses deux axes d’action. Le
comportement dynamique du rotor est exprimé dans le repere polaire. Par ailleurs, la logique floue, qui utilise un
modele de pensée proche du raisonnement humain, applique des actions correctives en fonction du comportement
dynamique global du rotor. Ainsi, 'utilisation couplée de ces deux approches créé une synergie permettant d’agir
sur le systeme de maniere ciblée. Le controleur dissipe I'énergie cinétique du rotor lors du franchissement de
vitesses critiques afin d’atténuer la réponse au balourd, ou augmente la raideur du palier lors de vibrations
transitoires ou asynchrones afin de réduire la trajectoire du rotor.

Le faible amortissement structurel du rotor le rend sensible au phénomene de « spillover » (I'énergie de
contrdle affecte les modes de fréquence élevée). Or, la logique floue ne peut pas gérer ce phénomene. Ainsi, un
controleur PID sous-jacent est utilisé pour maitriser la stabilité des modes hautes fréquences. Au final, le controleur
flou polaire permet d’obtenir des marges de performances entre les capacités de cet asservissement et le cahier des
charges. Ces marges sont utilisées pour trois objectifs : le respect des spécifications, I’amélioration du comportement
subsynchrone, et enfin la simplification et la standardisation du contrdleur sous-jacent nommé ici SPID. Ce
contrdleur est tel que ses caractéristiques, dans la plage de fréquence utile, sont indépendantes du rotor pour une
application donnée.

Enfin, la stratégie développée est évaluée avec des simulations numériques et des essais expérimentaux.
D’abord, le modéle numérique est validé, puis le controleur est appliqué a un banc d’essais académique. Le
comportement est stable et robuste. Il présente des performances supérieures au PID augmenté fourni avec le banc,
que ce soit pour la réponse au balourd, ou pour la réponse a des excitations subsynchrones. Finalement, la démarche
est appliquée a un compresseur industriel. Les simulations montrent que le comportement est proche de celui exigé
pour des machines sur paliers classiques. L’optimisation de l’approche et l'automatisation de la conception
pourraient conduire a la standardisation des paliers magnétiques actifs.
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